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Introduction 
The most recent industrial tendencies for centrifugal compressors are mainly 
focused on finding solutions both to maximize the efficiency and to extend the limits 
of the operating curve in order to improve the flexibility of the machine. If, on one 
hand, the efficiency is reaching a technologic limit, the extension of the minimum 
flow limit has still room for improvement. Moreover, new compressor designs have 
to meet the customers’ needs in terms of reduced time-to-market and low costs. 
Within this scenario, efforts have been devoted by the research on analyzing the 
unsteady phenomena that precede the surge and determine the left limit of the curve 
both by decreasing the performance and by generating severe subsynchronous 
vibrations to the rotor. 
Rotating stall represents one of the main unsteady phenomena which not only 
adversely affects the performance of the compressor, but also can generate severe 
subsynchronous vibrations to the rotor preventing the machine to operate beyond this 
limit.  
In particular, an accurate characterization of rotating stall could play a key-role in 
high-pressure centrifugal compressor design. 
Moreover, even if many research papers have been directed at investigating the 
physics of the phenomenon, the influence of the main parameters and the prediction 
of the stall inception, only few works focused the attention on the characterization of 
the rotating stall from an industrial point of view. In other words, an accurate 
procedure to analyze the pressure pattern due to rotating stall could lead to the 
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development of a systematic approach able to predict the real behavior of the 
compressor in these particular unsteady conditions. 
With this in mind, a strong collaboration between the Department of Industrial 
Engineering of the University of Florence and GE Oil & Gas – Nuovo Pignone was 
started to develop a systematic approach both to characterize the industrial rotating 
stall and to predict the behavior of the machine in case of operation in stall 
conditions. 
In this study, the attention is mainly focused on the vaneless diffuser rotating stall, 
which generally occurs as a result of a separation of boundary layer and consequently 
a reverse flow. 
Before analyzing the rotating stall, a review both of the measurement techniques 
and of the stall investigation methodologies was needed in order to properly choose 
the most adequate for this work. 
If on one hand the advanced techniques currently used in the academic field shows 
a wide scenario, on the other hand their direct and spread application to the industrial 
world is definitely difficult in many cases, due to either complexity or cost reasons. 
As a consequence, a consolidated technology with limited costs and able to be quite 
easily integrated with a conventional test set-up, as dynamic pressure probes, was 
preferred to investigate the rotating stall. In particular, this kind of sensors is mainly 
used to determine the stall onset and evaluate the amplitude of the subsynchronous 
frequency in order to define the stall margin by comparing the measurement with a 
limit value. 
The purpose of the first part of this study was to develop a systematic approach 
based on the manipulation of the experimental data coming from dynamic probes 
which allowed to reconstruct the pressure unbalance in the vaneless diffuser during 
stall conditions.  
In the second part of the study the procedure was then applied on a subset of 
experimental data related to more than 60 single stage model tests to characterize the 
vaneless rotating stall in terms of stall frequency, force and geometry parameters. 
Some guidelines for a correct investigation in terms of sensors’ number and 
relative positioning are introduced in order to detect more accurately the stall 
characteristics in terms of frequency and number of rotating cells. 
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The developed procedure also allows one to estimate the impact of the rotating 
stall on the rotordynamic behavior of a centrifugal compressor by calculating a 
rotating stall force due to the pressure unbalance during the unsteady functioning. 
An accurate estimation of the resulting aerodynamic force could in fact provide 
useful information both to identify the actual operating conditions and to improve the 
operating compressor range by evaluating if rotating stall could represent a problem 
for the rotordynamic response of the compressor. 
To reach this goal, a scaling criterion has been developed and verified by means of 
both experimental data, coming from model tests (a scaled single stage) and 
multistage compressors. Numerical simulations performed with a specific 
rotordynamic code confirmed the validity of the approach. 
In particular, this can be considered the first systematic attempt to transfer the 
aerodynamic stall force calculated by means of dynamic pressure probes, installed in 
a model test, into a predicted vibration level of the whole compressor operating in 
similar conditions. 
In the last part of the study, a rotordynamic analysis campaign has been carried out 
on different case studies in order to evaluate the actual impact of the rotating stall 
force by varying its amplitude, frequency and journal bearings characteristics. In 
particular, the attention has been focused on the safety margin theoretically available 
to let the machine operate safely beyond the stall onset. 
 
In this study, the main outcomes of the research are presented. 
In particular, Chapter 1 contains some information on the thermodynamics and 
mechanics of centrifugal compressors. 
In the Chapter 2 the fundamentals of the rotating stall (with particular reference to 
the vaneless diffuser stall) are described; furthermore, the state of art of the current 
methodologies to investigate the stall are presented and discussed in order to give an 
overview on the objectives of the present work. 
The procedure to analyze the vaneless diffuser rotating stall and derive the 
associated aerodynamic force is described in Chapter 3; before entering in the 
description of the approach, fundamentals of the measurement techniques used are 
introduced in order to optimize the results. 
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Chapter 4 is focused on the application of the procedure to several model test 
carried out at GE Oil & Gas test-rig. Once the vaneless diffuser rotating stall has been 
characterized in terms of frequency, number of lobes and rotating force, based both 
on the results and on open literature, a criterion to scale the force from model test 
conditions to real operating conditions is introduced and discussed. 
In order to verify the scaling criterion and the prediction capability of the entire 
approach, a numerical rotordynamic campaign is presented in Chapter 5 coupled with 
experimental data coming both from model tests and multistage compressors. 
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1.  The centrifugal compressor 
1.1 Introduction 
Centrifugal compressors have a wide range of applications that starts from the 
aviation field (high pressure ratio, up to 8:1) to arrive to the industrial use. 
The high level of centrifugal compressors in term of performance reached in the 
last years is mainly due to the compactness, the low number of components and the 
use of new materials. The efficiency remains under that one obtained by an axial 
compressor, but it is possible to go beyond the 80%. However, the high interest in 
this machine is due to the robustness, the simplicity of construction and first of all to 
the possibility to reach a certain level of power with respect to the “small” 
dimensions. 
In Figure 1-1 is reported a scheme of a single stage centrifugal compressor: the 
operating machine is characterized by an external case in which is collocated an 
impeller rigidly connected to a shaft. The impeller rotates thanks to a gas or a steam 
turbine or an electric motor. The stator downstream the impeller allows to recover the 
kinetic energy of the flow by decreasing its velocity. 
Chapter 1 - The centrifugal compressor 
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Figure 1-1. Scheme of a centrifugal compressor. 
Generally, for industrial applications at high pressure, a multistage compressor 
represents a better solution than the single stage (Figure 1-2). In this case the machine 
is constituted by an external case (A) which contains both a part of the stator (B) and 
a rotor (C) and one or more impellers (D).  
 
Figure 1-2. Scheme of a multistage centrifugal compressor. 
Chapter 1 
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Centrifugal compressors have different typologies of design depending on its 
particular function and working pressure. In the compressors in which a high 
performance is pursued, an unshrouded impeller is preferred: the moving blades 
move past the stationary shroud with a small clearance. The impeller has a 
predominant axial inlet which is named inducer. The impeller blades are inclined 
backwards at outlet and it is known as backsweep. In Figure 1-3 it is possible to see 
that some of the blades do not extend from outlet to inducer (splitter). This kind of 
blades are used because the additional number of blades is needed towards the outlet 
but this number of blades would, if continued to leading edge, produce sufficient 
blockage to cause chocking there at high speeds and flows. 
 
Figure 1-3. Impeller with splitter blades. 
Machines for industrial use are not usually provided by inducers; they have a pure 
radial outlet and a rotating shroud fixed to the blades. Rotating shrouds avoid the 
need to maintain a small clearance between the moving and stationary parts, but at 
the same time this solution adds significant extra ass which can produce very high 
stresses at high speeds (Figure 1-4).  
Whether high performance or low cost are pursued the attraction of the radial 
machine remains the same; the increasing of the enthalpy and of the static pressure is 
mainly due to centrifugal phenomena which depend only upon the impeller blade 
speed at inlet and outlet. Furthermore, the work input is almost independent of the 
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nature of the flow and it is not affected by discontinuity near the stall, unlike the axial 
machine. 
 
Figure 1-4. Industrial impeller 
1.2 Monodimensional analysis of a single stage 
Consider Figure 1-5, which represents a generic compression process in the 
Mollier plane (enthalpy-entropy) taking place in a single compressor stage. 
 
Figure 1-5. Entropy-Enthalpy digraph of a compression process. 
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The fluid, taken in determined conditions p00 and T00, is subsequently accelerated 
up to the inlet to the stage where it reaches the conditions defined by thermodynamic 
state 1. Since the inlet zone is a stator, no energy transfer takes place; while the total 
enthalpy remains constant, the static and the total pressure decrease. 
22
2
1
11
2
0
00
c
hh
c
hh tt      Eq. 1-1 
The acceleration process is accompanied by dissipation phenomena linked to the 
increase in speed of the fluid. In flowing along the impeller the fluid increases also 
the pressure and the enthalpy. 
 
2
2
1
2
2
1221
cc
hhL

      Eq. 1-2 
Then in the diffuser the kinetic energy of the fluid is converted into potential 
energy by increasing the static pressure. In this case the enthalpy remains constant 
since it is a stator part. 
2
2
2
2
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11
22
tt h
c
h
c
hh      Eq. 1-3 
Finally, the fluid is gathered in the scroll where a further diffusion occurs; also in 
this case the enthalpy remains constant. 
4
2
4
4
2
3
33
22
tt h
c
h
c
hh      Eq. 1-4 
The losses are present in each component of the stage: they can be evaluated in the 
diagram h-s by considering the total pressure decreasing. 
1.3 Work at the inlet of the compressor 
In Figure 1-6 is reported a scheme of an ideal impeller in which the inlet flow has 
a radius r1 and a tangential velocity cθ1 and the exit flow has a radius r2 and a 
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tangential velocity cθ2. Utilizing the equation of balance of momentum for the 
stationary flow between two sections, it is possible to obtain: 
 1122  CrCrmT       Eq. 1-5 
and the work per unit can be written in the Euler form as: 
  11221122  CUCUCrCrW       Eq. 1-6 
 
Figure 1-6. Ideal impeller 
Now considering the energy equation: 
0102 hhWQ        Eq. 1-7 
One can readily notice that in this equation the work W is positive since in the 
Euler equation Eq. 1-6, the work on the fluid is taken positive. Considering the 
compressor as adiabatic (Q = 0) and introducing the Eq. 1-6 in the Eq. 1-7: 
11
2
1
122
2
2
2
22
 CU
C
hCU
C
h      Eq. 1-8 
According to Figure 1-7, the velocity can be written in the local coordinates as: 
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222 UWC        Eq. 1-9 
After few passages the Eq. 1-8 become: 
2222
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h
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h      Eq. 1-10 
Or: 
   
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h
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h
relrel
    Eq. 1-11 
Where  relh02 represent the total enthalpy of the system in the local coordinates. 
Defining the Rothalpy as: 
 
222
2
0
22 U
h
UW
hI
rel
     Eq. 1-12 
The Eq. 1-10 becomes: 
21 II        Eq. 1-13 
In the rotor part the rothalpy has the same characteristics of the total enthalpy in 
the stator part; some assumptions, however, must be done: 
 Steady flow in the relative system. 
 W = 0 in the relative system. 
 Q = 0. 
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Figure 1-7. Velocity triangle at the inlet and the outlet of the impeller. 
Moving this concept to the whole compressor, where the main goal is to increase 
the static pressure of the fluid (i.e. the static enthalpy), one can easily write. 
   2122222112
2
1
2
1
UUWWhh       Eq. 1-14 
So the increasing of the static pressure is given by two main contributes: 
 The flow diffusion in the relative system. 
 The centrifugal force due to the impeller rotation. 
1.4 Physics of the impeller 
1.4.1 Introduction: the role of the impeller 
The impeller has a key role in a compressor stage. As described by Euler equation 
(Eq. 1-6), this component is responsible for the energy transfer to the fluid. 
Following a fluid element toward the impeller, it is worth to remark that a 
fundamental function of the impeller is to decrease the static pressure at the inlet in 
order to flow towards the impeller and then into the impeller. In absence of preswirl 
and inlet recirculation (which is a precaution that can be used in case of stall onset or 
Chapter 1 
 
 
 
Department of Industrial Engineering, University of Florence 13 
 
surge) the flow will move axially towards the eye of the impeller. Then as soon as the 
flow approaches the leading edge of the impeller blades, it begins to follow a pseudo-
helical pattern through the impeller domain. 
Once the fluid is inside the impeller, it receives an important pressure rise that 
mainly depends to 22r . In other words, the pressure is proportional to the square of 
2U  or 2
uM . Moreover, the flow has a certain relative kinetic energy which can 
assume a very high value, or a low value, according to the stage work input. 
Obviously, in case of a high value, the designer should focus on the flow diffusion to 
guarantee proper stage efficiency. 
Each passage between two blades of a centrifugal compressor can considered as a 
rotating diffuser. Unlike a classic diffuser, this passage is a complex diffuser with all 
the influences of curvature and rotation. 
At the outlet of the impeller a region of a low momentum fluid and a high energy 
core are present; these two conditions produce strong variations that generate an 
entropy increase, i.e. a total pressure loss. In such mixing processes there is also a 
static pressure rise, which is generally considered beneficial. 
1.4.2 Impeller inlet flow 
The design of the inducer is based on the inlet relative velocity, W, the level of 
incidence,   bi , the level of the preswirl, C  and the local acceleration effects 
due to the passage around the blade leading edge. 
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Figure 1-8. Inducer velocity triangle (Japikse D., 1996). 
 
Each compressor needs to have the control of the level of incidence. Ideal 
incidence should be correspond to a value close to zero, although it may correspond 
to a positive value of several degrees or a negative value. It is worth to remark that it 
is not possible to have large degrees of incidence without an adverse effect.  
 
Figure 1-9. Incidence effect on the impeller blades (Cumpsty, 2004). 
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Experimental analyses highlighted that the optimum value of incidence is close to 
zero [1]. It is also recognized that there is a convenience in having the stagnation 
point near to the leading edge, in particular at high inlet Mach numbers. 
In Figure 1-9 are shown the variations around the leading edge for small changes 
in incidence at an inlet Mach number equal to 0.7. The position of the stagnation 
point depends on various parameters, but the main ones are represented by the mean 
inlet flow direction, the thickness of the leading edge, the solidity and the camber. 
Increasing the incidence brings the stagnation point around the pressure side of the 
blade. Similar results are obtained by reducing the solidity. In each case the effect of 
the stagnation point is to produce a negative peak in the pressure distribution on the 
suction side. 
Thus, the range of stall-free functioning is a function of a Mach number (Figure 
1-10). 
 
Figure 1-10. Surge line incidence comparison (Japikse, F., 1996). 
Examples of inducer flow phenomena at various level of incidence are shown in 
Figure 1-11. After a limit value of the incidence the stall can occur and a consequent 
reduction in performance could appear due to the increase of the losses. 
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Figure 1-11. Effects of the level of incidence on the inducer. Incidence increases from 
left to right (Japikse, F., 1996). 
The influence of compressibility is important in particular when the Mach number 
has a transonic value. High local Mach numbers can be reached with an inlet Mach 
number of only 0.7 or greater. The flow accelerates to pass around the leading edge 
of the inducer, reaching very high local Mach numbers. When this Mach number 
exceeds the unit locally, severe shock wave starting from the blade leading edge can 
be produced. Small shocks have not significance influence, but only a modest Mach 
number is needed to rise the pressure up to separate the boundary layer. If the 
boundary layer is separated by a shock, it may be quickly reenergized and the 
reattached, but, in case the blade has a strong curvature and strong passage diffusion, 
the boundary layer can remain stalled throughout the impeller. 
Blade thickness plays a key role in the local acceleration and, therefore, in local 
Mach numbers and incidence sensitivity. In the design of high Mach numbers 
impeller, it is important to have thin leading edge and straight inducer blading. With 
thin blades it is possible to minimize the influence of blade blockage and 
consequently the flow acceleration (i.e. the entity of the shock). 
The first step in the inducer design, both subsonic and transonic, is to optimize the 
velocity triangle at the inlet. The velocity triangle (Figure 1-8) is defined according to 
the following equations: 
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  bi       Eq. 1-15 
rNU 2       Eq. 1-16 
f
m
A
m
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

      Eq. 1-17 
Where:  22 htDf rrCA    and 11 BCD  . 
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        Eq. 1-19 
22
CCC m       Eq. 1-20 
  22 mCUCW       Eq. 1-21 
RT
W
M rel

      Eq. 1-22 
In the centrifugal compressors design, the level of local Mach number at each 
stage inlet would be limited in order to minimize the loss of the impeller in the 
inducer. At the outlet of the impeller, there must be an adequate number of blades if 
the loading is to be kept within certain limits. If this number were to be continued to 
the inlet of the inducer their blockage would be a great constraint on the mass flow in 
high pressure ratio machines. The solution usually adopted is the use of splitter 
blades which end somewhere downstream of the inducer. 
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1.4.3 Impeller internal flow 
As the flow enters the impeller passage, boundary layers begin to develop on all 
blade surfaces (hub and shroud). The core flow tends to follow the blade passage 
assuming a uniform flow condition at the inlet of the impeller. If there is a distortion 
at the inlet, then the core flow will be marked with a passage vortex from the 
beginning. However, both the core and the boundary layers are affected by a very 
strong force field, in particular the Coriolis force field. This force is selective basing 
on the flow velocity and it acts by separating the high velocity and low velocity 
elements. A secondary flow around the core flow is developed: a low momentum 
fluid portion moves near the shroud suction surface and the high momentum fluid 
portion near the hub pressure area. One can readily notice the development of this 
flow pattern by considering the flow measurements at various stations collected by 
Eckardt (1980) and reported in Figure 1-12. It is worth noticing that a strong 
secondary flow appears through the passage and moves to the shroud suction surface 
corner. The velocity station marked as I, highlights a classical pattern of flow with a 
core flow at high momentum and thin boundary layers along the wall. The slightly 
inclination is due to the aerodynamic loading of the blades on the flow. 
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Figure 1-12. Flow measurements inside a centrifugal impeller at various stations 
(Eckardt 1980). 
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The velocities at the second plane (II) are similar to the previous: the main 
difference consists in the strength of the velocity distribution that in this case is 
stronger. The same considerations can be made for the locations III and IIIa. 
At section IIIa can be observed a new phenomenon along the shroud and near the 
suction side of the blade. In this zone a huge momentum deficit appears. Eckardt 
considered this zone as the development of a separated flow and described it as a 
“wake” region. However, the velocity in this zone is not equal to zero so it cannot be 
considered a true wake, but a low momentum fluid better described as a secondary 
flow. This effect continues at section IV and V and the flow that leaves the impeller 
has a significant momentum deficit in the shroud suction side. 
Making a time average from hub to shroud at section V, one can readily notice that 
the momentum will be significant deficient in the shroud region and will be strongly 
energized near the hub. Due to this, also the angle distribution from hub to shroud 
results affected and the flow at the outlet of the impeller will be nearly tangential near 
the shroud and more radial near the hub (jet). This represents the typical problem in 
diffusers design. 
The velocity triangles result quite different for the primary flow (jet) and the 
secondary flow (wake) as shown in Figure 1-13. It is worth noticing that the 
secondary flow with a low momentum, as described in the relative system, can have a 
higher energy or momentum level in the absolute system. 
 
Figure 1-13. Velocity triangles for the "jet" and “wake" zones. 
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1.4.4 Mixed flow at the exit of the impeller 
The flow leaves the exit of the impeller in a strong tridimensional condition and 
enters in the diffuser. In details it has a high absolute velocity, generally inclined at a 
large angel with respect to the radial direction. In order to guarantee a high pressure 
ratio and a high efficiency, a deceleration of the flow is needed. For these reasons, a 
diffuser, which can be vaneless or vaned, is generally collocated downstream of the 
impeller. Only in a few applications at low velocity, the scroll is directly linked to the 
impeller exit. 
The design of the diffuser results a crucial point to obtain high performance. The 
flow diffusion should be carried out by minimizing the losses. 
With this goal in mind, Dean and Senoo (1960) proposed a theory in which the 
flow at the exit of the impeller was modeled as two-dimensional with the jet and 
wake dividing the passage in the circumferential direction (Figure 1-14). 
 
Figure 1-14. The jet and wake model. 
In their analysis they considered the fluid as incompressible and the flow direction 
(not the magnitude) was assumed uniform in the circumferential direction. Applying 
the equations of mass continuity and conservation of radial and tangential momentum 
separately to the wake and the jet regions, they obtained a differential equation in the 
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radial direction. By integrating this, they described the flow development to the 
uniform condition. The model took into account also the skin friction at the wall of 
the vaneless diffuser and the shear stress between the jet and the wake. This model 
allowed to evaluate the losses and to predict the increasing of the static pressure in a 
good agreement with the experimental data. 
Johnston and Dean (1966) considered the mixing of the non-uniform impeller flow 
as a sudden expansion of the jet and wake to create a uniform flow. This assumption 
was in agreement with the Dean and Senoo theory and allowed a simplification of 
that method. Furthermore, this approach could be applied both to different geometries 
and various compressible values. 
Eckardt (1975) carried out experimental tests to measure the flow in the discharge 
of a centrifugal compressor. In the Figure 1-15, taken from Eckardt (1979), some 
measurements of the radial velocity distortion across the vaneless diffuser passage at 
four radius ratio for the flow coefficient in which the highest efficiency was reached 
is shown. It is important to notice that the previous theories, which predicted a 
uniform flow for a radii ratio over 1.2, seem to be able to correctly estimate the losses 
related with the mixing flow process. This implies a high unsteady flow in vaned 
diffusers and a possible cause of the stall onset in vaneless diffusers. 
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Figure 1-15. Flow non-uniformity at the exit of the impeller. 
1.4.5 The vaneless diffuser 
The kinetic energy of the flow that leaves the impeller of a centrifugal compressor 
stage is equal to about 30-40 % of the total work on the fluid. In a well-designed 
diffuser, this kinetic energy must be recovered efficiently. Compressor diffusers 
convert kinetic energy into static pressure by using two main techniques (Figure 
1-16): 
 A flow passage increasing which brings a reduction in the average velocity, 
i.e. a static pressure increasing. 
 A change in the mean radial flow path which brings to a tangential velocity 
recovery, in agreement with the momentum conservation, rCconstant.  
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Figure 1-16. Scheme of the contributes in the recovery pressure. 
 Since the pressure recovery by means of diffusion can lead to stability problems, 
it is important in diffusers design to take into account these aspects. Some of the main 
effects involve modes where separation or stall can be encountered. 
The vaneless diffuser is usually used in process compressors, refrigeration 
compressors and turbocharger compressors since they guarantee a good level of 
pressure recovery and low costs. For these reasons they are often preferred to those 
vaned which allow a high pressure recovery but a limited range of functioning. 
Basically, it is composed by two parallel walls that form an open radial annular 
passage from impeller tip to some limiting outer radius (return channel, volute). In 
Figure 1-17 are presented some examples of vaneless diffusers coupled with the 
impeller exit. The most common configuration is the pinched one; in this case the 
vaneless diffuser has an area reduction which provides a proper stabilization of the 
flow. 
A characteristic of the vaneless diffuser is the impossibility to reach the choke 
condition; this allows a wide range of functioning. Moreover, the lack of diffuser 
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vanes implies that no vibrations due to the blades interaction (impeller and diffuser) 
are observed. 
 
Figure 1-17. Common vaneless configurations. 
An easy description of vaneless diffuser performance is shown in Figure 1-18 and 
in the following equations: 
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2     Eq. 1-23 
 
Figure 1-18. Velocity triangles in vaneless diffuser. 
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These equations represent the conservation of mass and angular momentum and 
show that the flow angle in the vaneless diffuser mainly depends on density and 
passage width. In this case a constant width will be considered. 
For a constant density fluid, the flow angle is constant along the diffuser and it 
forms a logarithmic spiral flow path. However, the flow is really affected by viscous 
effects that deflect the flow direction with respect to the logarithmic spiral. 
A more in depth knowledge of the vaneless diffuser can be achieved by integrating 
the conservation equations along the vaneless diffuser. The full set of equations take 
into account the wall friction effects in both the linear and angular momentum 
equations (Stanitz, 1952): 
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where   is the diffuser inclination with respect to the axial direction. 
This set of equations can be solved by using the Runge-Kutta method, but an 
appropriate friction coefficient fC  to get reasonable prediction is needed. 
Furthermore, since the flow in the diffuser has a complex development, the skin 
friction coefficient must be adjusted depending on the specific industrial application. 
Values of fC  can be used as average for the entire diffuser or as a function of 
geometry and flow coefficient. 
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 kC f     Eq. 1-29 
where k is constant that usually have the value equal to 0.010 (Japikse, 1982). 
The solution of constant diffuser width is quite simple and commonly used, 
although other solutions with a decreasing of the width in the radial direction can be 
adopted. This configuration has the direct effect on the mean radial velocity by means 
of the equation of continuity, but only a marginal effect on the tangential one. This 
implies that both the mean streamline from the inlet to the outlet and the losses are 
reduced. Moreover, the flow angles with respect to the tangential direction are higher 
than the diffuser with constant width providing the effect to delay the stall onset at 
low flow coefficient. 
A further key-role in the diffuser performance is represented by the 
compressibility. By assuming that the density increases in line with the rise in 
pressure, the radial velocity must decrease more quickly with radius than in the 
incompressible case to satisfy the conservation of the mass flow. The tangential 
velocity is not instead directly influenced by density and the flow tends to have a 
trajectory more curved than before and hence a decreasing of the flow angle with 
respect to the tangential direction. The decreasing of this angle due to the 
compressibility is one of the most reason why the performance of the diffuser falls off 
as Mach number reaches high value. 
For air, the density changes with the pressure and the temperature in such a way 
that the flow angel increases with the radius and the flow follows a trajectory closer 
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than the logarithmic spiral. Conversely, certain Freon decreases this angle. The flow 
angle can also be modified by varying the passage width, by pinching or enlarging. 
By comparison with a vaned diffuser of similar performance, the vaneless diffuser 
has greater losses due to the longer fluid path than would be encountered in a channel 
or cascade diffuser. 
To analyze the diffuser performance one can refer to the pressure recovery 
coefficient: 
22
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       Eq. 1-30 
where with the subscript 3 represents the section at the outlet of the diffuser. 
Rodgers (1982) carried out some tests and showed results based on 15 
configurations of vaneless diffuser. These tests were carried out at different 
peripheral Mach number at the exit of the impeller; in details, Mu=u2/a10t in the range 
of 0.6-1.2, where a10t is the total speed of sound at the inlet of the impeller. The 
diffuser width was constant and the ratio D2/D1 was equal to 1.7. 
Figure 1-19 reports the results of this experimental campaign in terms of pressure 
recovery coefficient and the ratio of average inlet radial velocity to tangential 
velocity; each curve represent a different b/D2 ratio. 
 
Figure 1-19. Static pressure recovery measured in vaneless diffuser versus cm2/cϑ2 
cm2/cϑ2 
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After these results two remarks can be done: 
 The major part of the diffuser produces almost the same pressure coefficient 
for the same inlet flow angle, i.e. the same value of cm2/cϑ2. One can readily 
notice that for b/D2 lower than 0.045 the difference between Cp values is 
small. For b/D2 higher than 0.045, not showed, the performance is strongly 
increased. 
 The Cp coefficient increases with the increasing of the ratio cm2/cϑ2; in detail 
the diffuser becomes less effective as the flow becomes more tangential. 
This effect can be traced back to the higher losses due to the longer flow 
path. 
Another parameter to take into account is the ratio between inlet and outlet 
diameter D5/D2. 
Experiments have shown that static pressure continues to increase as the diameter 
ratio of the vaneless increases, but at a progressively slower rate. At the same time, 
the total pressure clearly continues to decrease. Since in the external part of the 
diffuser the velocities are low, the possible recovery of kinetic energy in pressure 
energy is often limited in order to compensate the increasing of the external 
diameters. 
For this reason the diameters ratio is usually lower than about two and a volute is 
collocated to achieve the additional pressure rise. 
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2.  Stall in centrifugal compressors 
2.1 Introduction 
In this chapter the topics of this study will be illustrated together with its 
collocation in the current literature and state of art. An overview of the stall in 
centrifugal compressors will be presented through a description of both the 
characteristics and the methods commonly used to predict or analyze this 
phenomenon. At the end of the chapter the purposes of this study will be introduced 
and motivated. 
2.2 Rotating stall in vaneless diffusers 
Centrifugal compressors show different typologies of unsteadiness when the mass 
flow rate starts to reduce its value at constant rotational speed. The point in which the 
flow inside the compressor begins to be unsteady depends both on the compressor 
type and on the entire circuit linked. 
The first type of unsteadiness presented is called surge and it consists of strong 
pressure and mass oscillations. This unsteady phenomenon is a self-induced 
oscillation in which the compressor behavior is similar to a resonator. The mean mass 
flow through the cross section changes with time. The inception and the frequencies 
of these oscillations depend on the curve of the pressure rise, on the inlet and outlet 
ducts, on the volumes and on the throttling valve. The surge usually occurs when the 
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performance curve reaches the zero or the positive slope. If one could operate in the 
surge zone, it would imply both great losses in terms of efficiency and performance 
and dangerous subsynchronous vibrations on the blades, the case and the entire 
circuit. 
The second type of unsteadiness, called rotating stall, consists of periodic pressure 
and flow oscillations in one or more different components of the compressor. The 
steady axisymmetric flow is replaced by rotating cells with high and low pressure. 
They consist in a phenomenon which rotates at subsynchronous frequency (20-80% 
with respect to the rotating frequency of the impeller [2]) in the circumferential 
direction of both the impeller and the diffuser. In the rotating stall, the mean flow rate 
on a cross section of the compressor remains constant in time with respect to the 
surge. Moreover, the inception of this phenomenon is not observed only in the region 
of positive or zero slope of the compressor curve, but also on the negative slope side. 
Rotating stall not only adversely affects the performance of the compressor, but 
also can generate severe subsynchronous vibrations to the rotor, actually preventing 
the machine from operating beyond this limit [3] [4] [5] [6] [7]. In particular this can 
be critical at high working pressure because of the high density of the working fluid. 
The rotating stall is a non-reversible phenomenon: a significant increasing in the 
mass flow rate is needed in order to leave the unsteady condition. A slight opening of 
the throttling valve could not be enough. 
Since the rotating stall in vaneless diffusers seems to be caused by a flow inversion 
inside the boundary layer of the diffuser or by an unsteady interaction between 
impeller and the diffuser, several studies were devoted to investigate this complex 
phenomenon. It is worth noticing that the boundary layer in the diffuser is strongly 
three dimensional. To make the free stream follow a curved path, a pressure gradient 
parallel to the surface but normal to the streamline is necessary. The value of this 
pressure gradient is sufficient to produce the centripetal acceleration of the 
freestream. 
R
V
n
P 21




     Eq. 2-1 
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where R is the radius of curvature of freestream, n is the normal direction with 
respect to the has lower velocity with respect to the center of the flow; this implies 
that the radius of curvature in the boundary layer is smaller than the center and the 
boundary layer assumes a strong three dimensional shape. 
 
Figure 2-1. Path of the fluid particle and boundary layer in a vaneless diffuser.  
Several authors link the onset of the rotating stall with the reverse flow. 
Conversely, Abdelhamid et al. [8] claimed that pressure oscillations extend into the 
whole diffuser and that they are not only due to the rotating zones of boundary layer 
separation. Further studies by Abdelhamid [9] [10] assessed that rotating stall can 
occur also in absence of reverse flow and that a stable flow condition can coexist with 
reverse flow zones in the diffuser.  
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Nowadays, it is not yet completely clear the mechanism of the onset of the stall, 
but the theory of the reverse flow as necessary condition seems to be the most widely 
used. 
2.3 Literature correlations 
Rotating stall in vaneless diffuser has been investigated by Jansen [11] (1964) 
from both a numerical and experimental point of view. Jansen was the first to 
demonstrate that the phenomenon can be originated by a local inversion of the radial 
velocity component in the vaneless diffuser. 
The theoretical approach is based on the continuity and momentum equations in 
the radial and tangential directions in case of unsteady, inviscid and incompressible 
flow. Starting from the assumption that the unsteady flow field is composed by a 
steady free vortex on which an unsteady perturbation is superposed, Jansen obtained 
the linear form of governing equations. The simplest solution of this equation gives 
the perturbation as a periodic wave: 
     tier       Eq. 2-2 
where the real part of iσ  is the logarithmic decrement of the amplitude and the 
imaginary part is its angular velocity  . The number of stalled cells is  and ψ(r) is 
the amplitude as a function of the radius. 
For large values of α (near tangential flow), Jansen proposed a uniform 
atmospheric pressure at the diffuser outlet as a boundary condition: 
0
ˆ


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p
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r
p
    Eq. 2-3 
where pˆ is the pressure perturbation. 
If one assumed two stalled cells (a typical case), the solution for iσ is the 
following: 
 
2
5r
2ω
iBcotαAcotα1iiσ       Eq. 2-4 
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The perturbation increases if the real part of iσ is positive and decreases if 
negative. This analysis links the onset of the unsteadiness with the flow inversion in 
the diffuser, i.e. cot <0. The rotating velocity is given, as mentioned, by the 
imaginary part of iσ: 
 
 2
25 cot
/


 f
rr
      Eq. 2-5 
which indicates that the rotating speed   depends on the number of cells  , 
radius ratio between inlet and outlet of the diffuser  25 / rr  and diffuser inlet flow 
angle 2 . Basically, the main conclusions of this theory are: 
 Rotating stall is caused by a local flow inversion in the diffuser; 
 It can exist with uniform inlet and outlet flow; 
 The rotating speed is in the range of 5-22% of . 
Probably, perturbations start in the boundary layer, where the streamlines are 
curved more than the in middle diffuser passage (reverse flow), and then, once they 
are damped out in the midstream region, waves of limited amplitude are generated. 
This destabilizing mechanism was then further confirmed by Frigne and Van den 
Braembussche (1985), who verified the theory with a time-evolving calculation of the 
interaction between the inviscid flow core in the center of the diffuser and the 
unsteady boundary layer near the wall; this self-excited oscillations lead to a local 
acceleration or deceleration of the core flow. Also Watcher and Rieder (1985) 
confirmed these results by measuring simultaneously the static pressure and the 
velocity variations during diffuser rotating stall and finding a phase shift of 180° 
between the two measurements. This indicates that the static pressure decreases when 
the local velocity increases due to the blockage. 
The theory of Jansen leads to practical criterion to predict the return flow in the 
boundary layer, i.e. the determination of the instability (Figure 2-2). This calculation 
used an inviscid flow core in the center and three dimensional boundary layers near 
the walls. However, an unfortunate choice of boundary layer profiles could lead to 
critical conditions as the two boundary layers filled the entire channel width. The 
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stability conditions, as a function of 2  and b2/r2, were too restrictive for narrow 
diffuser.  
 
 
Figure 2-2. Jansen's criterion to determine the instability zone. 
Senoo et al. (1977a) [12] repeated this calculation with the following 
modifications: 
 The flow is no assumed to be symmetric with respect to the center of the 
diffuser; 
 The inlet conditions take into account for the distortion both of the radial 
and tangential velocity field along the diffuser width; 
 The boundary layer profile is modified in such a way that the contact 
between the two boundary layers does not lead to the flow inversion. 
The results of this calculation indicate that the freestream angle   continuously 
decreases with radius, while the angle of the wall streamline   , first increase and 
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then decreases once the two boundary layers fill the entire diffuser width. As shown 
in Figure 2-3 the flow inversion occurs when    is greater than 90°. 
 
Figure 2-3. Vaneless diffuser flow. 
This calculation allows one to take into account the influence of the geometric and 
aerodynamic parameters on the return flow in the vaneless diffuser. A critical flow 
angle r2  at the inlet of the diffuser beyond which return flow occurs can be hence 
defined. In Figure 2-4 is reported the variation of r2  as a function both of Reynolds 
number at the inlet and of b2/r2 for r5/r2=1.2. 
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 Figure 2-4. Variation of α2r as a function of Reynolds number. 
It is worth noticing that narrow diffusers are more stable than the wide diffusers 
and they are not influenced by the variation of Reynolds number. On the other hand, 
wide diffusers are more stable for high Reynolds number. In Figure 2-5 is shown the 
variation of r2  as a function both of inlet Mach number and of b2/r2 for r5/r2=1.2 and 
r5/r2  . One can readily notice that r2  decreases with increasing of Mach number 
for both narrow and wide diffusers and as it is independent of diffuser length for 
narrow diffusers, it strongly depends on it for wide diffusers. 
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Figure 2-5. Variation of α2r as a function of inlet Much number and b2/r2 for r5/r2=1.2 
and r5/r2  . 
Furthermore, it was evaluated by Senoo et al. (1977b) [13] the influence of inlet 
distortion on diffuser stability for an infinitely long diffuser (Figure 2-6). While the 
distortion on the radial velocity has a strong influence on both the narrow and the 
wide diffuser, the distortion on the tangential one has a small influence, especially for 
narrow diffusers. However, it is worth to remark that the estimation of the velocity 
distortion at the inlet is difficult. 
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Figure 2-6. Influence of the flow distortion at the inlet on return flow for infinitely long 
diffusers. 
By taking into account the incompressible flow with a uniform velocity 
distribution at the inlet, the influence of b2/r2 and r5/r2 on the inception of return flow 
can be highlighted in Figure 2-7. For each b2/r2 value it is possible to estimate a 
critical flow angle, r2 , for which a vertical line can be determined. For flow angle 
values higher than this limit, return flow occurs. The dashed line allows to determine 
the extension of the reverse flow with the variation of the b2/r2 ratio and the inlet flow 
angle. 
It is worth noticing that for narrow diffusers, the reverse flow starts close to the 
diffuser inlet but disappears after a short period. For wide diffusers, the reverse flow 
starts at higher radius than narrow ones and if the radius ratio is small enough, no 
return flow will be observed. Senoo et al. (1978) [14], basing on experimental data, 
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showed that the rotating stall occurs when the inlet flow angle exceeds c2 in 
agreement with the following rule: 
 
 
88.0
90
90
2
2 


r
c


     Eq. 2-6 
where r2  is the angle previous defined and c2 is the diffuser critical inlet flow 
angle. 
 
Figure 2-7. Influence of diffuser width on return flow. 
The problems start in comparing the theoretical results with the experimental ones. 
First, one must be able to distinguish if the measured unsteadiness consists in a 
rotating stall of a vaneless diffuser or of an impeller. A significant difference is that 
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the rotating stall in vaneless diffusers usually occurs on the negative slope side of the 
compressor pressure rise curve. 
A second problem appears when the evaluation of the average diffuser inlet flow 
angle is needed. Generally, this parameter is not directly measurable in an unsteady 
(non-uniform) flow; however, it can be evaluated by using a slip factor correlation 
(Wiesner, 1967) or by measuring the temperature rise by the impeller. Only in a few 
cases the flow angle is calculated by mass averaging measured values. 
By analyzing the collected experimental data, some remarks can be done: 
 Low Reynolds number (103) can have negative influence on the stability 
also in case of narrow diffusers. Low Reynolds number lead to flow inlet 
distortion that can affect the stability; this occurs also in case of higher 
loading of the impellers. 
 The zone between the impeller outlet and the diffuser inlet can affect the 
stability limit, especially for narrow diffusers in which the critical region is 
located at the diffuser inlet. 
 The presence of vanes at the diffuser outlet or in the return channel can 
have favorable or unfavorable effects. 
 For wide diffusers, a decreasing if the radius ratio has a good influence on 
the stability. 
 The Mach number has a negligible influence on the diffuser stability, as 
predicted by the calculation. 
In conclusion, it is possible to claim that the theoretical curves allow one to 
correctly predict  the critical inlet flow angle only if the limitations of the calculations 
are respected (even if it is not always possible to know a priori the flow inlet 
distortions). Discrepancies between measured and predicted critical angle are often 
due to the discontinuity between the impeller outlet and the diffuser inlet width. 
Senoo’s formulation did not take into account this variation [15]. 
This problem was experimentally solved by Nishida et al. (1988, 1991) [16] [17] 
and Kobayashi et al. (1990) [18]. 
They studied the influence of the pinch and the ratio b3/b2 (diffuser width and 
impeller exit width) on the diffuser stability by testing three different impellers with 
six different diffusers mounted as reported in Figure 2-8. It is worth noticing that the 
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stage was constituted by an inlet, a two-dimensional impeller, a vaneless diffuser and 
a return channel. 
 
Figure 2-8. Cross section of the test compressor. 
The effect of the diffuser width on the onset of rotating stall is presented in Figure 
2-9. In all cases, as the diffuser increases its width, the onset of the stall occurred 
earlier, while the performances remained the same. 
Furthermore, it was note that as the flow angle increases, both the head and the 
rotating speed ratio of the stall cell increase. The stall cell number for impeller A was 
1-2 and for impeller B was 3-4. 
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Figure 2-9. Effect of the diffuser width on the performance curve. 
The results of this study were then compared with the Senoo method to predict the 
stall onset (Figure 2-10); one can readily notice that as the ratio b3/b2 decreases, the 
critical angle in which the stall starts is much smaller than that one predicted by 
Senoo. Moreover, a good agreement with Senoo’s prediction is observed only in case 
the ratio b3/b2 is equal to 1. This led to the conclusion that the ratio b3/b2 influences 
the value of the critical stall angle and it must be considered in the calculation. 
From these results the authors extrapolated the following correlation to predict the 
critical angle starting from that one predicted by Senoo and introducing the ratio 
b3/b2. 
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Senoocritcrit     Eq. 2-7 
This means that if one reduces the diffuser width obtains the onset of the stall for 
lower values of flow rate. 
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Figure 2-10. Experimental and calculated values of the critical angle. 
In the following study, Kobayashi et al. (1990) [18] modified the previous 
correlation by considering further experimental results. 
The authors tested again the impeller A and B and added another D with a lower 
ratio b2/r2. They tested several vaneless diffusers with different width and different 
pinch as shown in Figure 2-11. 
 
 
Figure 2-11. Scheme of the tested pinch. 
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The results showed a good agreement with the previous study. In particular, if the 
variation of the diffuser width did not affect the performance curve, the onset of the 
stall moved to lower flow rate by decreasing the diffuser width. Moreover, for large 
diffusers, the pinch shape had no great influence on the onset of the stall. 
The experimental data were again compared with the Senoo prediction (Figure 
2-12); once again it is possible to note that a good agreement was found only for the 
case with b3/b2=1. 
 
Figure 2-12. Experimental and calculated values of the critical angle as a function of 
the ratio b3/r2. 
In order to explain these results, the authors proposed that the decreasing of the 
diffuser width induced a reduction of the radius at which the return flow occurs. This 
implies an increasing of the reverse flow zone in the diffuser and the possibility that 
the stall onset occurs before. 
The shape of the pinch had not influence on the prediction of the critical stall angle 
(with respect the Senoo prediction) when the ratio b3/b2 is equal to 1. This aspect 
seemed to have influence only in case of high b2/r2. 
 The authors highlighted that some configurations presented an anomalous 
behavior in term of critical flow angle. They analyzed the difference between the 
measured and the predicted (by Senoo) critical flow angle as a function of r/r2 where 
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r represents the difference between the radius of the onset of the reverse flow and 
the parallel walls of the diffuser.  
The analysis pointed out that the Senoo’s correlation shows a good agreement with 
the experimental results only in case of r/r2>0.1. 
After these considerations the authors decided to discard the curves with 
anomalous behavior and modified the previous correlation: 
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where αcrit is the inlet flow angle (at the radius with parallel walls) and αcrit,Senoo is 
the predicted critical angle by Senoo. 
A validity limit on r/r2 corresponds to a limit on the ratio b2/r2 at which the 
correlation can be applied. It is worth noticing that lower is the b2/r2, lower is the 
radius of the reverse flow. 
The previous correlation can be re-written in the following form: 
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This correlation is commonly named as “modified Kobayashi”. 
The main problem of these correlations is that the pinch geometry is not included 
in the calculation of the critical angle. 
As final considerations, the authors analyzed the possible solutions to prevent the 
rotating stall in vaneless diffusers and they highlighted three different methods: 
 Reducing the width of the vaneless diffuser; 
 Removing the vaneless diffuser; 
 Using a low solidity vaned diffuser [19]. 
2.4 Current methodologies to study the rotating stall 
In the previous section the main characteristics of the rotating stall in vaneless 
diffuser have been presented. As aforementioned, the first studies on this field were 
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devoted in understanding the physics of the phenomenon and giving some 
instruments to predict the onset of the stall and they represent the bases of the current 
methodologies. In particular, several efforts were made in developing a correlation 
able to predict the critical angle in which the stall inception occurs. 
After these works several studies have been carried out over the years to 
understand the characteristics, the causes and the effects of the unsteady phenomena 
developing in different types of centrifugal compressors. These studies that will be 
presented later on this chapter represent the recent state of art; the authors developed 
both experimental and numerical approaches to investigate the rotating stall starting 
from the considerations presented before. 
2.4.1 Experimental approaches 
The majority of the studies carried out in the last few years made use, however, of 
purposefully developed experimental layouts and advanced measurement systems. 
In particular, the use of dynamic pressure probes located at different sections and 
radii of the diffuser represents one of the investigation methodology widely used in 
analyzing the vaneless diffusers rotating stall [20] [8] [21] [22]. 
Ferrara et al. [23] [24] [25] [26] carried out many experimental tests by means of 
this technique to investigate the influence on stall behavior of different geometrical 
configurations. The stage was constituted by a backward channel upstream, a two-
dimensional impeller, a vaneless diffuser and a constant cross-section volute 
downstream. 
By analyzing signals from dynamic pressure sensors of each section, it was 
possible to carry out an accurate study of stall typology. For a complete analysis of 
the phenomenon, and to obtain as much information as possible, the signals were 
analyzed both in time and frequency domain. 
The authors proposed an analysis of the signals of the dynamic pressure sensors in 
which the circuit throttle valve was slowly closed with continuity from the overflow 
to the surge (Figure 2-13). 
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Figure 2-13. Scheme of the streaming procedure. 
The proposed approach allowed one to determine the stall inception flow 
coefficient during the closing of the throttle valve but provide good results only if the 
assumption that the stall has a rigid behavior is considered. When sub-synchronous 
pressure fluctuation amplitudes were comparable with synchronous values (due to the 
blade passing), the condition was considered as stall inception point. Normally, when 
rotating stall appears, several sub-synchronous frequencies are present: the lowest 
one represents the fundamental frequency (called stall frequency) while the others are 
usually multiple of this fundamental component. By applying this technique to all the 
dynamic pressure sensors (i.e. by comparing the signals at the same section), the 
authors developed a formulation to estimate the number of lobes: 
 




NumberLobes'      Eq. 2-10 
where   is the phase shift between sensors signal and   is their geometrical 
angular distance. 
Other experimental methodologies can be found in literature. In particular, recent 
studies present advanced measurement systems to investigate the unsteady 
phenomena that occur in vaneless diffusers of centrifugal compressors [27] [28] [29]. 
In these works, the authors focused on the unsteady phenomena not connected 
with blade passing frequency. Dazin et al. [27] [28] carried out experimental 
investigation in which the aim was to catch the space-temporal evolution of the 
phenomenon using a measurement technique resolved both in time and space. To 
reach this goal, they obtained interesting experimental results by means of high 
repetition rate PIV coupled with unsteady pressure transducers. By doing so, the 
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technique allowed one to explore the three-dimensional behavior of the phenomenon 
as three components PIV maps obtained at three different heights within the diffuser. 
In order to characterize and confirm the rotating nature of the unsteady 
phenomenon a spectral analysis was applied to the signals. Then, a dedicated phase-
averaging applied on the PIV flow fields allowed to identify a three cell rotating 
structure (Figure 2-14). Furthermore, the analysis showed the possibility of having a 
blockage near the entrance of the diffuser on the hub side. 
 
Figure 2-14. Three cell rotating structure in the diffuser (Dazin et al.). 
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Towards the outlet of the diffuser, the authors highlighted a homogenization of the 
previous developed cores of inward and outward radial velocity along the diffuser. 
They demonstrated that this development determined the decreasing of the diffuser 
performance. 
Toni et al. [29] carried out phase-resolved measurements during the unsteady 
functioning of a single stage centrifugal compressor using a cylindrical single sensor 
fast response aerodynamic pressure probe (FRAPP) traversing and rotating from the 
impeller hub up to the shroud.  
 
Figure 2-15. Blade-to-blade flow angle (Toni et al.). 
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These measurements allowed one to reconstruct the unsteady flow field of total 
and static pressure and flow angle with a higher precision than that one obtained with 
a common five-hole probe. FRAPP measurements showed flow phenomena in 
agreement with the concepts found in literature in term of vortex structures (Figure 
2-15). Moreover, it is worth to remark that this technique does not need optical access 
to be performed while for optical techniques is necessary. FRAPP measurements 
provide useful and detailed information on the flow field and would allow one to 
improve the efficiency of the component during the design process. However, 
currently this sensor represents a measurement technique with a certain level of 
complexity that especially requires a high level of miniaturization of the device in 
order to not affect the measure. 
2.4.2 Numerical approaches 
In literature, two typologies of analytical models for rotating stall in vaneless 
diffusers can be individuated. 
The first one uses momentum integral equation of boundary layer and links the 
unsteadiness due to the rotating stall to the existence of radially inward flow within 
boundary layers as previous described [11] [12]. However, several subsequent studies 
pointed out that it is also possible to have rotating stall without reversed flow or have 
reversed flow without flow instabilities [14] [8].  
The second method to study the stall combines the above by analyzing the 
instability of inviscid core flow or the interaction core with the boundaries [30] [31]. 
Dou and Mizuki [32] and Abdelhamid and Bertrand [9] concluded in their studies 
that the stall mechanism were different for narrow diffuser and wide diffuser. 
As shown in Figure 2-16, the stall seems to have two different mechanism of 
inception: narrow diffusers shows a strong influence of the walls in the evolution of 
the boundary layers while for wide diffusers are assumed to have two-dimensional 
core flow, which separates the wall boundary layers from each other. 
Taking into account these considerations, Tsujimoto et al. [31] performed a two-
dimensional flow inviscid analysis subjected to the boundary conditions of vanishing 
fluctuation at the diffuser inlet and vanishing pressure fluctuation at the diffuser 
outlet. By doing so, they obtained the onset conditions and the disturbance field in 
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agreement with experimental results. Moreover, they concluded that upstream 
impeller had no influence on rotating stall. 
 
Figure 2-16. Scheme of the flow in narrow and wide diffusers. 
Gao et al. [33] used a Wave Neural Network (WNN) to study geometry factors on 
stall inception of vaneless diffusers. Their research was carried out by collecting 
measured data from literature; once WNN was trained, each input parameter was 
varied while others were kept constant to study the influence of the variable on 
critical angle and cell speed at the stall inception. They mainly concluded that the 
stall has two different mechanism of inception depending on the diffuser width. 
Moreover, the authors investigated the effects of changing the impeller blade number, 
the impeller speed and the diffuser ratio. By summarizing, each parameter 
investigated has a different influence on the critical angle if the analysis is performed 
on wide or narrow diffusers. 
Due to the difficulties of experimental analyses another investigation approach is 
represented by Computational Fluid Dynamic (CFD) which is thought to be a key 
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technology to improve the knowledge of the pressure field inside the compressor 
during unstable operation. 
Generally, CFD could represent a useful tool for turbomachinery designer mainly 
thanks to the increase in computational power and resource. Conversely, some 
problems can hamper the application of computational fluid dynamics, especially 
concerning the enormous amount of data to be stored in fully unsteady simulations of 
an entire machine; for this reason, traditional CFD studies are very often focused on 
specific parts of the machine or scaled geometries. 
Starting from the previous assumption on the possibility to have two different stall 
inception mechanisms (wide and narrow diffusers), Ljevar et al. [34] [35] [36] [37] 
[38] proposed in their studies an uncommon and simplified CFD analysis. 
They focused their analyses only to the wide vaneless diffusers with parallel 
diffuser walls in which they assumed that the core flow between the diffuser plates 
has mainly a two-dimensional nature. They led the instability analysis by performing 
a two-dimensional CFD model of the vaneless diffuser core flow (Figure 2-17). In 
particular, the authors used an incompressible and laminar flow model in which the 
influence of the wall boundary layers is not taken into account. Since the turbulence 
models capture the diffusion-like character of turbulent mixing associated with many 
small eddy structures, laminar viscous model was chosen for this analysis. 
 
Figure 2-17. Two-dimensional vaneless diffuser core flow model. 
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The model allowed one to obtain the rotating instability by using a water model of 
the wide vaneless diffusers properly scaled by an existing air compressor. As 
previous reported, several studies were devoted by the authors to investigate the 
influence of the diffuser geometry, the diffuser radius ratio, the number of impeller 
blade and the shape and the intensity of the jet-and-wake at the diffuser inlet. 
By imposing the inlet conditions, the interaction with the impeller was not taken 
into account in this model in agreement with Tsujimoto et al. [31] but in 
disagreement with Abdelhamid [10] who showed that stall pattern depends on the 
coupled effect both of impeller and diffuser. It is worth to note that this analysis did 
not explain the flow mechanism of rotating stall, but it highlighted the physical 
phenomena that could contribute to the stall inception in wide centrifugal compressor 
diffusers. 
As aforementioned, the work presented by Ljevar et al. represents an uncommon 
and simplified CFD two-dimensional model and it does not require high 
computational performance (the calculation domain has limited dimensions). 
However, several levels of CFD analysis with increasing complexity exist in open 
literature; as they were usually carried out to predict the performance and operating 
range [39] [40], only few works focused the attention on the unsteady phenomena 
before the surge by including in the domain the whole stage [41] [42]. 
Sorokes et al. [42] proposed an interesting work in which an unsteady CFD 
analysis was performed on the full 360° model in order to highlight both the 
difference in the flow structure with respect to the steady CFD performed on a sector 
model and the mechanism of stall inception in terms of lobes’ number and pressure 
pattern along the whole machine. Due to the size of the domain of the full 360° 
geometry (see Figure 2-18), it was computationally impractical to conserve the grid 
density of the steady state CFD analysis performed on the sector model, but, 
however, this kind of simulation required a huge amount of elements (about 52 
millions) and consequently a lot of computational resource. 
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Figure 2-18. Computational domain of the full 360° geometry. 
The unsteady analysis highlighted that, as the flow rate was reduced to reach the 
zone where the unsteady phenomena take place, a low momentum zone along the 
shroud wall of the diffuser extended from the inlet to the outlet of the diffuser 
appeared. Furthermore, they claimed that the stall cells formed near the shroud wall 
of the diffuser where the radial velocity was close to zero and that the impeller 
influenced the formation of these stall cells (Figure 2-19).  
The authors also observed the propagation of the two stall cells detected in the 
diffuser into the return channel. The stall cells rotated clockwise, but the method to 
calculate the rotation frequency did not fully clarify how they calculated 1.8 Hz; in 
addition this value seems to be very low with respect to that one expected from the 
experimental results and also to what is reported in literature. 
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Figure 2-19. Meridional velocity contour in unsteady conditions. 
2.5 Objectives of the work 
All these approaches did not completely clarify the aspects related with the stall 
onset and in general with the stall mechanism: disagreements and contradictions still 
exist towards how many factors and which factors should be taken into account to 
correctly predict the critical angle and the unsteady stall pattern; moreover, these 
methodologies are validated under specific assumptions which does not allow one to 
give to the approach a general validity. 
As shown, published literature and ongoing researchers focused their efforts in 
developing methodologies of investigation and prediction, but one of the most widely 
used in the industrial world remain  the Senoo and Kobayashi correlations. 
If on one hand the advanced techniques showed before represent the only way for 
an effective development of the knowledge in this field, on the other hand their direct 
and spread application to the industrial world is definitely difficult in many cases, due 
to either complexity or cost reasons. As a consequence, the industrial world generally 
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prefers to approach the study of the left margin of the operating curves by means of a 
limited number of dynamic pressure probes, which represent a consolidated 
technology, with limited cost and quite easily integrable with a conventional test set-
up [25]. 
In general, these sensors are only exploited to detect the stall onset and evaluate 
the intensity of the subsynchronous pressure pulsation, e.g. to define a stall margin if 
compared to a limit value. In only few cases [25], the analysis has been extended to a 
spatial analysis of the induced pressure field, particularly focusing on the lobes’ 
number. 
In order to definitely characterize the vaneless diffuser rotating stall, GE Oil & Gas 
started a collaboration with the Department of Industrial Engineering of the 
University of Florence. Starting from the huge amount of data collected during 
several years of tests by the industrial partner, a systematic procedure to analyze the 
rotating stall that occurred on their machine was first developed. 
The procedure used the dynamic pressure measurements and it allowed one to 
acquire several information on the stall characteristics in terms of stall frequency, 
number of lobes and stall pressure amplitude by transposing pressure measurements 
into spatial pressure distribution. The available data consisted of experimental data 
coming from 15 different stages tested in different conditions of peripheral Mach 
number, working pressure and configuration. This extensive investigation allowed 
one to have a general viewpoint of the vaneless rotating stall: within this context, the 
main guidelines of the procedure are presented and discussed, with particular 
reference to signals analysis and manipulation as well as sensors positioning. 
Moreover, the prospects of a real-time analysis made by using a higher number of 
sensors is analyzed and compared to the standard solution using a limited probes 
number. 
Under proper assumptions that will be discussed later on in this work, the 
developed approach allowed also to reconstruct the stall pattern in term of pressure 
field induced by the rotating stall in the vaneless diffuser. During the stall, the 
unbalancing of the pressure field generates a rotating force which rotates at the stall 
frequency (i.e. at a subsynchronous frequency) and which acts directly on the rotor 
shaft by inducing severe vibrations. 
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As shown before, even if there were not given exhaustive and univocal 
explanations, several works have been devoted at investigating the physics of the 
phenomenon, the influence of the main design parameters and the prediction of the 
stall inception; only few, however, focused on the prediction of the aerodynamic 
force related to the rotating stall [25] [3] [43] [44] [45] [46] and their effects on the 
compressor behavior. 
With this goal in mind, a rotordynamic model of the test rig was hence performed 
in order to investigate on the effects of the rotating force: an accurate estimation of 
the resultant of the pressure distortion during the stall could in fact provide a valuable 
contribution to both the identification of the actual operating conditions and the 
enhancement of the compressor operating range by a suitable choice of the control 
strategy and the bearings’ characteristics. 
After the rotating force has been also characterized in the model test configuration, 
the further purpose of this research work was to predict the rotordynamic behavior 
during the rotating stall of a real machine operating in on-site conditions. To reach 
this goal, a criterion to scale the rotating force from model test conditions to real 
operating conditions was developed and then applied to some multistage compressors 
tested in a dedicated test rig of GE Oil & Gas. 
Moving from these results, rotordynamic analyses have been carried out on 
different case studies to assess the final impact of these aerodynamic excitations and 
to find out possible ways to mitigate them by means of proper journal bearings. 
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3.  Stall investigation: 
approach/methodology 
3.1 Introduction 
In this chapter a systematic procedure to analyze the vaneless diffuser rotating stall 
will be described. As aforementioned, since this work was performed in collaboration 
with GE Oil & Gas, the post processing procedure was applied to the measurements 
obtained with dynamic pressure probes located at different sections of the diffuser: 
this kind of sensors represents a consolidated technology in the industrial field, 
thanks in particular to the limited cost and to the possibility to be integrated with a 
conventional set-up. 
Before entering in the description of the advanced analysis procedure developed in 
this work, some considerations based on the author and the industrial’s experience in 
the stall investigation field can be done. In particular, some details of this 
measurement technique will be presented to give an overview on the potentiality of 
this approach. 
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3.2 Time or space domain? 
Dynamic pressure probes can be used to measure the total unbalance generated on 
the diffuser; nevertheless in order to define the stall shape in term of pressure pattern, 
a reconstruction of the pressure distribution must be provided. 
This measurement typology allows one to use two different theoretical approaches 
which benefits and drawbacks will be discussed later on this section. 
The first approach consists in a “real-time” analysis of the evolution of the 
unsteady phenomenon in the diffuser: a proper number of “snapshots” of the pressure 
field, acquired simultaneously in a sufficient number of points at different diffuser 
sections is needed. Since this “real-time” analysis would provide the real signal in 
each frame of the analysis, the highest degree of accuracy by using dynamic pressure 
probes would be guaranteed. Conversely, if one requires a good spatial resolution, a 
significant number of probes is necessary. Moreover, if the pressure pattern is not 
well defined due to a noisy signal, the pressure reconstruction could be affected by a 
systematic error which can lead the analysis to a wrong result. 
Generally, this “time-domain” approach represents a difficult solution in term of 
management of a high number of sensors; furthermore, in the industrial field, it 
become more difficult due to the mechanical and cost issues connected the high 
number of probes and the relative access to be provided in the case of each machine 
should be tested in this condition. 
As a consequence, the most common choice in industrial application is to make 
use of a limited number of dynamic pressure probes (at least two sensors), flush 
mounted angularly in different diffuser section of particular interest (e.g. the diffuser 
inlet and outlet). 
This second approach consists in a signal acquisition of probes that referred always 
to the same spatial position in the space; one can readily notice that an accurate post 
processing of the data is required to shift between the two domain (i.e. from the time 
into the space domain) and to reconstruct the pressure path (i.e. the shape and the 
number of lobes). Usually, in the common practice, the time signals are manipulated 
by means of an ensemble average approach locked at the frequency of the 
phenomenon which is studied (i.e. the rotating stall frequency). 
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The difficult related to this type of approach is placed in the use of only few 
sensors: this implies some important precautions in correctly manipulating 
experimental data. One of the most crucial points is the identification of the correct 
frequency of the phenomenon which should be applied to the averaging process to 
reconstruct the stall pattern. 
As will be presented in the following section together with several examples, the 
second approach was used and improved during this work. However, since it was 
considered an interesting methodology (especially in the research field), the “real-
time” approach will be analyzed and discussed later on in this study from a 
theoretical point of view. 
3.3 Background of stall characterization 
In open literature, one can easily found that the vaneless diffuser rotating stall 
consists of a pressure fluctuation which rotates at a subsynchronous frequency in the 
range between 10-40% [2] [7] [47]. Other authors preferred to restrict this range 
between 20-40%. 
By an internal convention, it can be assumed that the machine is in stall condition 
when the fluctuation due to the rotating stall becomes the highest component of the 
signal, even higher than the Blade Passing Frequency (BPF). Moreover, since 
different impellers may exhibit different BPF amplitudes, this approach may lead to 
inconsistencies in the associated vibration response. 
In order to highlight the background of the current stall characterization with the 
limited-probes approach, in Figure 3-1 a Fast Fourier Transform (FFT) of a recorded 
signal of a dynamic pressure probe at the diffuser inlet is presented as an example: in 
particular, it refers to a case with a real diffuser stall rotating at a subsynchronous 
frequency. 
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Figure 3-1. FFT Analysis of a real vaneless diffuser stall. 
One can readily notice that where no other phenomena take place, the time signal 
recorded in stall condition is mainly composed by three different contributions at 
three different frequencies: 
 Stall (and eventual harmonics) 
 Impeller revolution (and eventual harmonics) 
 Blade passing 
All the frequencies are presented in a dimensionless form, i.e. the frequency 
divided by the impeller rotational frequency (1xREV). 
This particular case refers to a rotating stall which rotates at a subsynchronous 
frequency of 10.5% of 1xREV. The impeller had 23 blades as confirmed by the BPF 
frequency 23 times higher than the rotational frequency. 
As a confirmation of that, in Figure 3-2 the recorded time signal equal to the stall 
pattern revolution is compared to the reconstruction based on the three 
aforementioned contributions and their first two harmonics (1xStall + 2xStall and 
3xStall): very good agreement can be appreciated between theory and experiments. 
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Figure 3-2. Comparison between a real measured signal and a reconstruction based on 
the stall, the 1xREV and the BPF. 
As reported in literature [25], once the frequency of the phenomenon has been 
identified, before to proceed with the ensemble average, some important assumptions 
must be done: 
 The stall pattern is supposed to rotate as a rigid body at a certain 
subsynchronous frequency. 
 The stall pattern is supposed to be uniform between the hub and the shroud. 
In order to perform the ensemble average approach of the time signal in a specific 
interval, the previous assumptions must be satisfied; if the frequency of the rotating 
stall has been correctly detected, the averaging process provides the average quantity 
of that specific period. 
By exploiting the hypothesis on the rigid body rotation, is now possible to relate 
the time domain to the spatial domain; in other words, one can correlate the time 
interval in which the averaging process has been performed to a spatial angular sector 
[25]. 
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The result of the averaging process (for more details on the ensemble average 
process please refers to Section (3.4.4)) of the same signal aforementioned is shown 
in Figure 3-3 and compared with the real signal recorded at the diffuser inlet.  
 
Figure 3-3. Comparison between a real measured signal and the ensemble average. 
Upon examination of Figure 3-3, one can readily notice that the ensemble average 
approach acts as a low passing filter that cut all the frequencies above that one of 
interest, i.e. the stall frequency. Moreover, it is worth noticing that the pressure 
pattern is no more composed by three different contributions (as shown in Figure 3-2) 
but is mainly due the stall, since after the ensemble average, part of the information 
about the other contributions has been lost (e.g. the BPF). 
Concerning the stall shape for this example case, Figure 3-3 shows only one 
fluctuation during the stall rotation highlighting a single-lobe pressure pattern. 
The lobes’ number (N) can be also calculated through the phase difference 
between the signals of two different probes (Δϑ) at a fixed spatial spacing (Δα), as 
reported in Eq. 3-1. 
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This approach represents the basis of the method that will be presented later on in 
this study; if the signals recorded by dynamic pressure probes in the diffuser shows 
clear frequency in its power spectrum and the stall shape consists in a single-lobe, a 
base approach as the presented could be applied. However, in case of noisy signal 
(quite frequent in the industrial field) or a multi-lobes pattern, the analysis of the time 
signal becomes more complex and a more sophisticated methodology is required to 
correctly analyze the experimental data. In particular, the identification of a multi-
lobe stall could be very difficult in the event that the intensity of the unbalance 
between the lobes is not pronounced. 
3.4 Developed stall analysis 
In this study, a systematic procedure to fully characterize the rotating stall 
phenomenon with the ensemble average approach is proposed. 
As discussed, in order to perform a correct averaging process, i.e. to average time 
data really connected to the same interval, a correct estimation of the period of the 
phenomenon is of capital relevance. 
In order to introduce the whole procedure of the advanced approach developed in 
this study, an example based on a real test case analyzed will be previous provided 
starting from the test rig set up and measurement. 
The procedure of data manipulation was realized by developing a proper routine in 
MATLAB ambient. 
3.4.1 Test rig experimental measurements, procedure and results 
Several experimental tests were carried out and analyzed in this study. Here below 
the layout, the instrumentation and the test procedure for one of the model test are 
described. All this aspects can be considered as general validity for all the model tests 
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carried out during this work except for the boundary conditions and the stage 
characteristics which were varied case by case. 
Layout and Instrumentation 
The test rig was operated in a closed-loop configuration with ambient pressure and 
temperature. In the presented case the working gas was CO2 (ρgas = 2.15 kg/m3 
during the test) and the impeller’s rotational speed was kept constant during the 
acquisition by means of a 2.5 MW variable-speed electric motor coupled with a 
gearbox. 
The model test used to set up the advanced stall analysis approach reproduced an 
intermediate stage configuration of an industrial centrifugal compressor for high-
pressure applications; in particular, in this way, a multistage compressor was 
simulated by a “pseudo-stage” in the flow path upstream of the impeller, which 
provided flow conditions at the inlet typical of those expected in a multistage 
compressor. For this purpose, the tested configuration was composed by a preswirler, 
an upstream deswirler, a 2-D impeller and a return channel as shown in Figure 3-4 
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 Figure 3-4. Scheme of the tested configuration. 
The impeller was operated at its design peripheral Mach number (Mu) of 0.85. It 
had 23 two-dimensional blades and was characterized by a small value of the ratio 
between the blade outlet width and the impeller outlet radius b2/R2 = 0.0353. 
Generally, during the tests, five measurements sections were equipped with 
different sensors (see Figure 3-4). In all sections, conventional measurements of 
pressure and temperature were performed; for further details on the standard 
instrumentation used in a similar test rig, please refer to Refs. [23] [24] [25] [29]. In 
addition, in order to investigate the pressure fluctuations in aerodynamically unsteady 
regime, dynamic pressure measurements were also provided in Section 20 and 40 of 
the all tested configurations; in few cases also an intermediate section (Section 30) at 
a half of the diffuser was provided. 
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Figure 3-5. Circumferential positioning of the dynamic pressure probes. 
Before this study, the pressure probes were equally spaced around the 
circumference of the diffuser and flush-mounted at both sections on the shroud side 
(see Figure 3-5). As it will be discussed later on in this work, this geometrical 
collocation did not represent the best solution to reconstruct the pressure pattern in 
the diffuser (especially in case of a three-lobes stall). The pressure pulsation were 
measured by means of commercial high-sensitivity piezoelectric sensors (PCB
®
 
piezoelectric sensors with a natural frequency of about 350 kHz) specifically 
designed for high-frequency measurements. In addition, the bearings of the impeller 
were instrumented with high-frequency (10 kHz) displacement sensors in order to 
monitor rotor vibrations.  
All of the dynamic signals (pressure pulsations and vibrations) were continuously 
recorded with a bandwidth of 20 kHz. Both real-time and off-line analyses were 
performed by means of proprietary pieces of software. 
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Test Procedure 
The acquisition of the data for all the model test analyzed were carried out by 
keeping constant both the rotational speed and the inlet pressure (in this case 1 bar). 
Dynamic pressure data were continuously recorded and stored in a personal 
computer. 
As regard the test procedure, it starts from the overflow condition and then a 
regulation throttle valve is closed step by step towards the surge conditions. After 
each regulation step, a few seconds of acquisition time (sufficient to guarantee a 
steady-state condition) is always provided. Once the surge is reached, the throttle 
valve is gradually re-opened; by doing so, the dynamic pressure transition due to the 
stall and the surge can be both analyzed. 
Once the time data coming from the streaming analysis are stored, the test results 
are first examined in order to identify the main characteristics of the detected 
phenomenon in the frequency domain. 
In detail, the frequency components of the signals are extracted in consecutive 
analysis windows in time by means of the power spectrum analysis [25]. 
The power spectra are then collected in a joint time-frequency graph characterized 
by a 3-D visualization in which the axes correspond to the frequency, time, and 
amplitude of the signals. 
For sake of clarity, in Figure 3-6 the amplitude values are highlighted with a color 
scale. Frequencies are reported in the ordinate axis, while the acquisition number is 
reported in the abscissa axis (i.e. it corresponds to different mass flow rates). As 
regard the amplitude, the color intensity represents in each point the amplitude of the 
specific frequency component at that instant. 
Moreover, a vertical section of the graph represents the signal power spectrum 
analysis of one sensor at that specific time. As one can readily notice, the stall 
inception frequency and its evolution during the stall can be clearly distinguished, 
together with its two harmonics. At a specific time, after a certain closing step of the 
throttling valve, a strong perturbation that involves the entire frequencies domain is 
clearly marked: this phenomenon can be traced back to the surge. 
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Figure 3-6. Joint time-frequency graph of the test. 
Results 
The analysis of the results started from the examination of the joint time-frequency 
graph which reported the stall analysis for one pressure sensor at Section 20, where 
the frequency is presented in a dimensionless form, i.e. divided by the revolution 
frequency (1xREV). 
In the graph, a well-marked subsynchronous frequency can be note before surge 
running forward at  a very low frequency (approximately 10% of the impeller 
revolution frequency), as a result of a rotating stall induced in a static component of 
the stage. In this case, based on previous experience on this type of machine and on 
the literature, a vaneless diffuser stall was hypothesized. Moreover, two very low-
intensity harmonics were detected. 
Before proceeding with the stall analysis two different checks were needed, in 
order to verify the development history of the subsynchronous frequency detected. 
The power spectra of the signals in the range between 0 Hz and the 1xREV were 
first investigated every second, starting from the inception of the stall, collocated at 
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t=52 [s], up to reach the surge. It is worth noticing that no other frequency than the 
stall one appeared in the spectrum, suggesting that no other phenomena took place 
during the stall. 
The second check consisted in a streaming data manipulation in order to monitor 
the integral of the frequency spectrum of the dynamic pressure sensors in an interval 
of 2*df (where df is the sampling frequency) centered in the observed stall frequency. 
Figure 3-7 shows the measured trend for one of the pressure probes at Section 20 
as a function of time, together with dimensionless flow coefficient φ*, i.e. the actual 
flow coefficient divided by the design one. 
 
Figure 3-7. Development history of the subsynchronous frequency. 
In Figure 3-7 one can also notice that the stall inception started at a certain closing 
step of the throttling valve (φ* < 0.85), but the final value of the amplitude of the 
subsynchronous frequency was reached only after another closing step of the valve; 
above this step, no further increment of the amplitude of the pressure pulsation was 
noticed. 
After these considerations, a suitable choice of the window to perform the 
advanced stall analysis was then possible; in detail, a 2 s interval was selected as 
highlighted in Figure 3-7 with a green-shadowed line in order to guarantee an 
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adequate distance from the surge zone but in the fully-developed-zone of the 
unsteady phenomenon. Furthermore, in this case, the window’s length allowed to  
ensure an accurate time-averaging process by including approximately 40 passages of 
the stall cells comprehended. 
As a last step of this first part of the stall analysis, the power spectrum of the three 
pressure sensors in the selected window analysis was monitored to verify the 
agreement between the sensors themselves in term of measured amplitude. In Figure 
3-8 a frame corresponding to t = 71 s is reported: excellent correspondence can be 
noticed. 
 
Figure 3-8. Power spectrum of the three pressure probes at Section 20. 
After these preliminary checks, a correct estimation of the period of the 
phenomenon is needed in order to perform a correct averaging process (i.e. to average 
the time data really connected to the same interval). 
Although an estimation of the stall frequency was already provided by the previous 
time-frequency analysis, due to the low frequency resolution of the power spectrum 
obtained with the industrial tool and to some other factors that will be discussed later 
on in this study, a more accurate method to evaluate the stall frequency was needed. 
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3.4.2 Signal’s selection and filtering 
Starting from this section, the MATLAB routine to reconstruct the pressure pattern 
and calculate the resulting force will be introduced through the various steps. 
In the first step two dynamic pressure sensors were selected; by doing so, if, as in 
this case, the sensors for each section are three, one is at the moment discarded. 
The first signal was used to provide the time data for the reconstruction of the 
pressure field, whereas the second one represented the comparison signal to calculate 
the phase shift. However, the whole analysis was, indeed, performed on each pair of 
signals in order to verify correctness of the approach and to confirm the agreement 
between the three probes. 
As regard the filtering process, the mean value of each signal was subtracted from 
the signal’s value, due to the nature of the piezoelectric sensors used (all the 
frequencies are superimposed on each other). Then, each signal of the two data sets 
was filtered with a low-pass digital filter in the time domain [48], which allowed one 
to cut out the frequency contributions higher than the 1xREV. After this process the 
signal is clean and almost ready both to be averaged by the ensemble average process 
and to be used in the next steps of the procedure, i.e. the stall frequency and the 
lobes’ number determination. 
3.4.3 Determination of the stall frequency and the lobes’ number 
 In order to determine the stall frequency and consequently the lobes’ number with 
more accuracy than the previous time-frequency analysis presented, as a second step 
of the routine, the auto-correlation and cross-correlation functions were applied [48]. 
The auto-correlation of a generic signal x is defined in Eq. 3-2. In particular, by 
analyzing the equation, the auto-correlation of a signal allows one to verify if a signal 
contains a component that is related with itself in a sufficiently long time of the 
analysis T. 
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By moving this concept into the analysis of the pressure streaming data, if one 
identifies the time shift which maximizes the auto-correlation function, is able to 
identify also the period of the most relevant frequency contained in the signal. The 
stall frequency can be hence calculated by the reciprocal of the time delay between 
two peaks of the function. The results of these two steps are shown in Figure 3-9; 
upon examination of the figure, it is possible to note the pressure signal of Probe 1 at 
section 20 during the analysis window, the filtered signal and the calculated auto-
correlation function, which in this case allowed to identify a stall frequency of 10.5% 
of 1xREV. 
 
Figure 3-9. Pressure signal of Probe 1 at Section 20 and its auto-correlation. 
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After the auto-correlation has been performed, the cross-correlation function was 
used to define the phase shift between two signals (in this case the result of Probes 1 
and 2 is shown, but the analysis was performed on each couple of signals), according 
with Eq. 3-3. 
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The time shift between zero and the peak of the cross-correlation can be multiplied 
by the stall revolution velocity to give the phase difference between the two signals 
(Δϑ). The result of the cross-correlation is shown in Figure 3-10 and it highlighted a 
shift between the two signals at the stall frequency detected of approximately 120 
deg, hence revealing a stall pattern with a single lobe (by using Eq. 3-1). 
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Figure 3-10. Pressure signal of Probes 1 and 2 at Section 20 and their cross-correlation. 
3.4.4 Stall pattern reconstruction 
Before reconstructing the diffuser stall pattern, the ensemble average approach was 
first applied to the pressure signal of Probe 1. 
Furthermore, in order to reach the final goal of describing the rotating stall in 
terms of intensity and frequency, some basic assumption must be done. In particular, 
the reconstruction of the force is based on the transposition of a signal in the time 
domain (i.e. the dynamic pressure measurements) into information in the space 
domain (i.e. the circumferential distribution at a specific section). 
As aforementioned, in order to enable this domain shift, the hypothesis that the 
stall rotates like a rigid body must be assumed. Then, if this assumption is accepted, it 
is possible to perform the ensemble averaging process [49] [50] on the time data. By 
doing so, the information in the time domain can be transfer into the space domain 
and the average pressure distribution cab be reconstructed in the circumferential 
direction. 
In detail, once the period during which the phenomenon x is taking place, has been 
detected, the ensemble average approach allows one to average the time signal in a 
specific interval t to obtain the average of the quantity on it, as shown in Eq. 3-4. 
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Based on the assumption of a rigid rotation of the stall, is then possible to relate 
the time interval in which the average has been performed to a spatial angular sector. 
In Figure 3-11 is shown the reconstruction of the pressure pattern after the 
ensemble average process. 
Furthermore, the polar plot of Figure 3-12, in which the pressure distribution was 
superimposed on a reference pressure level to highlight the stall pattern, clearly 
shows the single lobe nature of this case study. 
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Figure 3-11. Calculated circumferential distribution due to the rotating stall at Section 
20 (with standard deviation). 
 
Figure 3-12. Polar plot of the single lobe stall pattern. 
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The same procedure was also applied to Section 40 (the diffuser outlet) in order to 
highlight the behavior in the radial direction (see Figure 3-13). 
 
Figure 3-13. Comparison of circumferential pressure distributions at Section 20 and 40. 
The analysis confirmed that the stall pattern is still composed by a single rigid lobe 
rotating at the same frequency and the pressure fluctuation at this section is reduced 
by almost 50% with respect to the Section 20. 
If one neglects as a first approximation the induced distortions of the radial velocity 
distribution at the impeller exit, the unbalancing force acting radially to the rotor is 
indeed given by Eq. 3-5, i.e. considering the resultant of the non-axisymmetric 
pressure pattern around the impeller and integrating the pressure on the area on which 
it is thought to be applied. 
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The aspect related to the resulting force of the unbalance pressure field will be 
however discussed in depth later on in this study. 
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Figure 3-14. Flowchart of the advanced stall procedure. 
As a final consideration, it is worth noticing that the proposed procedure is of 
general validity for a vaneless diffuser stall (see Figure 3-14). It represents a useful 
tool in evaluating the unbalance of the pressure field even in case of complex stall 
pattern that show two or more lobes; in these cases the pressure pattern cannot be 
traced to a simple sinusoid and its harmonics and an accurate analysis with this 
advanced procedure is needed. In the next chapter the multi-lobes cases will be 
presented and discussed. 
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3.5 Real-time analysis 
As previously mentioned, in this section prospects and drawbacks of a real-time 
analysis will be introduced and discussed. 
This type of approach is based on the use of a higher number of dynamic pressure 
sensors than the previous one. In order to perform the real-time analysis, a sufficient 
number of probes should be installed along the circumference of the diffuser at 
different radial sections. Then, by acquiring all the sensors simultaneously, a series of 
“snapshots” of the stall pattern is promptly provided and hence the evolution of the 
unsteady phenomenon can be reconstructed. 
 In order to point out the potentiality of this methodology, an example of a single 
lobe stall (real signal) at a certain time, reconstructed by using six equally spaced 
pressure probes is given in Figure 3-15. 
Before entering into the core of the discussion, two main issues must be taken into 
account in evaluating this kind of approach. The first one is related to the high costs 
of installing a high number of probes (not analyzed in this study) while the second 
regards the number of probes to install in relationship to required accuracy and 
mechanical problems for the sensors mounting. 
By neglecting the mechanical problems for a moment, the probes’ number can be 
defined with respect to the characteristics of the stall. 
First of all, the minimum number of sensors required to describe the pressure 
pattern is however given by Eq. 3-6, according to Nyquist’s theorem [48]. 
N2probes #        Eq. 3-6 
Starting from this consideration, the probes’ number can be increased as a function 
of the required accuracy in the final reconstruction of the stall pattern. 
In particular, in this study, a sensitivity analysis in which the accuracy of the 
reconstruction has been evaluated by varying the number of probes will be presented. 
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Figure 3-15. Comparison between the real signal of a single-lobed stall and the real-
time reconstruction using 6 equally-spaced probes. 
By using a discrete number of measure points, the description of the stall pattern, 
which is not exactly axisymmetric (in this case a single lobe) and presents a high 
noise level, can be altered depending on the sensors position in the revolution cycle. 
In order to investigate this phenomenon, in the present analysis the resulting force 
value (per unit area of the diffuser inlet, F*) was calculated (according with Eq. 3-5) 
for each angular position with a step of only 1° and gathered in the plots in terms of 
average value superimposed to range bars which represent the minimum and the 
maximum value of all the calculated values in the whole revolution. 
As a first step, in Figure 3-16 the resulting force of two real measured stall with 
one and two lobes (that will be presented later on in this study) is reported as a 
function of the (equally spaced) probes’ number. In particular, the raw signals 
directly coming from the dynamic pressure probes have been used in order to 
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reproduce a real industrial acquisition. In this first case, a linear interpolation was 
used between the measured values along the circumference. 
 
Figure 3-16. Real-time force reconstruction as a function of the probes’ number in case 
of a single and a two lobes stall pattern: unfiltered signals – linear interpolation.  
 
Figure 3-17. Real-time force reconstruction as a function of the probes’ number in case 
of a single and a two lobes stall pattern: filtered signals – linear interpolation. 
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By examining Figure 3-16, one can readily notice that the average force value is 
correctly reproduced in case of 20 or more probes are used for a single lobe stall, 
while the probes’ number increases up to 36 for a two lobes stall. 
The range of calculated values is however very widespread in case of less than 10 
probes, mainly due to the spikes present in the real signals which affected the 
predicted pressure pattern. 
As a second step, the possibility to filter the signal was investigated. In the 
previous sections the ensemble average process was analyzed and it was highlighted 
that a filtering of the frequency components higher than the stall phenomenon does 
not affect the force calculation. Starting from these considerations, a signal filtering 
based on a low-pass filter locked at the 1xREV frequency was applied to the same 
signals used in Figure 3-16. After this filtering process (easily obtainable also in an 
industrial acquisition), a linear interpolation was again performed between the 
measured values along the circumference, as reported in Figure 3-17. 
The results of this second step highlight that the dispersion of the data is clearly 
reduced with respect to the previous case in which the raw data was used. In this case, 
for single lobe stall, an almost perfect description of the total force can be reached 
with 20 probes or more. As regard the two lobes stall, it is worth noticing that to 
obtain the same accuracy of the single lobe case 20 probes are sufficient; although the 
very low force connected to this particular pattern can be detected also with ales 
number of probes. 
Chapter 3 – Stall investigation: approach/methodology 
 
 
 
86  Department of Industrial Engineering, University of Florence 
 
 
Figure 3-18. Real-time force reconstruction as a function of the probes’ number in case 
of a single and a two lobes stall pattern: filtered signals – spline interpolation. 
The analysis was then repeated changing the typology of interpolation: in this case, 
a spline interpolation was selected (Figure 3-18) since this solution is thought to be 
easily available in acquisition software even in industrial application. 
Upon examination of Figure 3-18, one can notice that the choice of the spline 
interpolation has reduced the number of probes needed to correct reconstruct the stall 
pattern and consequently the resulting force; in this case 10 or more probes can be 
considered sufficient. 
As a final consideration, it must be remark that the number of “snapshots” in 
which the force was not correctly captured sensibly increases for lower probes’ 
number; in this case the spline interpolation can lead to wrong stall shapes. 
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4.  Industrial database analysis 
4.1 Introduction 
Since this study was led in collaboration with GE Oil & Gas, a detailed analysis of 
a wide industrial model test database was first carried out in order to highlight the 
stall characteristics in terms of frequencies, force and geometry parameters. 
To reach this goal, the advanced procedure of stall analysis presented in the 
previous chapter was performed to explore the experimental data coming from 
several model tests which were constituted by a single stage configurations similar to 
that one presented in Figure 3-4. 
The available data set consisted of experimental data coming from 16 different 
model test campaign having different configurations, peripheral Mach number (Mu), 
working pressure and working fluid. The result of these differences is in a global 
amount of more than 60 different tests analyzed. All the tests were carried out in a 
specialized test rig operating in a closed loop with constant pressure and temperature 
at the inlet as previously discussed. 
 The tested models reproduced both intermediate and pseudo-axial stages of 
industrial centrifugal compressors equipped either with a 2D or a 3D impeller and a 
pre-swirler, an upstream de-swirler, a return channel and a scroll according to the 
relative configuration. Although geometric details cannot be reported in the study due 
to a non-disclosure agreement with the industrial partner, it is worth pointing out that 
the analyzed impellers had b2/R2 and R4/R2 ratios in the ranges 0.05-0.15 and 1.40-
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1.65, respectively. The peripheral Mach numbers were in the range between 0.3 and 
1.32, whereas the design flow coefficients of the impellers were enclosed between 
0.02 and 0.16. In the following sections, some of these tests analyzed will be 
presented and discussed in detail in order to highlight both the stall characteristics in 
terms of stall pattern, frequency and force, and the influence of the main parameters 
on the pressure unbalancing. 
4.2 Stall analysis results: stall pattern shape 
The results of the wide stall investigation carried out on the industrial data base 
was first analyzed in term of stall pattern shape in order to highlight both the most 
common configurations assumed by the pressure pattern due to the stall inception and 
the main issues related to their detection. 
The single lobe stall pattern was already discussed in the previous chapter and it 
will be not repeated here. 
Even if the single lobe stall was the most present pressure pattern found in the 
industrial database, other shapes were observed; in particular, two and three lobes 
have been detected and analyzed. 
The first case that will be presented is a two lobes stall; this particular 
configuration highlighted some important aspects that must be taken into account to 
correctly reconstruct the pressure unbalance. In detail, two different typology of a bi-
lobed pattern can be found and some clarifications must be done. 
 
Bi-lobed stall 
In Figure 4-1 the FFT analysis of a two lobes stall signal (without any filtering 
process) is reported. As indicated, the stall frequency (i.e., the frequency linked to the 
rotation of the generated pressure pattern) is represented by the lowest contribution 
(in frequency) of relevant amplitude in the spectrum, i.e., the natural frequency of a 
generic rotating body. 
As it is possible to note in the FFT analysis, the revolution stall frequency is not 
the most intense, while the highest amplitude is connected to the pressure ripple 
related to each lobe of the pattern (i.e. the peak at double frequency). 
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Figure 4-1. FFT analysis of a real two lobes stall: all the frequencies are presented in a 
dimensionless form, i.e. f*=f/f1xREV. 
In this case, the selection of the right stall frequency cannot be simply based on the 
industrial assumption that the highest subsynchronous frequency is that one 
connected to the rotating stall; however, the auto-correlation function is indeed able 
to catch the correct frequency of the unsteady phenomenon by comparing the time 
raw signal with itself. This will be then confirmed by cross-correlation function by 
detecting the phase difference between two probes. 
In Figure 4-2 the correct stall pattern reconstruction is reported. 
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 Figure 4-2. Reconstruction of the stall pattern at the inlet section of the diffuser. 
Upon examination of these results, a modification of the conventional Eq. 3-1 is 
proposed in order to extend its validity. In fact, in case the correct stall frequency (i.e. 
the frequency at which the entire stall pattern – considered as a rigid body – is 
moving) has been defined, the calculated angular phase shift will be equal to the 
physical angular distance between the two examined probes Δα (Eq. 4-1). 
sff 
         Eq. 4-1 
where the subscript s indicates the revolution stall frequency. 
Now this equation is of general validity in detecting the lobes’ number, but on the 
other hand, if the frequency related to the lobe passage is accidentally selected, the 
cross-correlation function will be no longer satisfied. In this case, Eq. 3-3 would 
highlight that the frequency selected is not the right one for the averaging process. 
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In the time domain, the symmetrical fluctuation is indeed assumed as a signal 
rotating at a frequency N times higher than the whole stall pattern. 
If one uses this frequency, however, the lobes’ number can be easily calculated 
with Eq. 4-2. 
lff
N


  


     Eq. 4-2 
where the subscript l indicates the frequency of the lobe passage. 
 
Nearly symmetric bi-lobed stall 
This modification of the equation to calculate the lobes’ number is of particular 
relevance because it is of general validity. In particular, it can be used in case of a 
singular stall configuration that has been sometimes observed in the analyzed 
industrial database such as a multi-lobed pattern in which the lobes are nearly 
symmetric. 
As it is possible to note in Figure 4-3 and Figure 4-4 in which a real nearly 
symmetric two lobes stall is reported. In this case, the stall intensity is generally weak 
and the resulting unbalance is significantly reduced. As a consequence, the pressure 
pattern is more equilibrated and the force is closer to zero than that one presented in 
Figure 4-1and Figure 4-2. 
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Figure 4-3. FFT analysis of a real nearly symmetric two lobes stall: all the frequencies 
are presented in a dimensionless form, i.e. f*=f/f1xREV. 
Upon examination of Figure 4-3, one can conclude that the only analysis of the 
power spectrum can lead to a wrong evaluation of the stall shape. The revolution 
frequency of the stall pattern is not visible while the frequency connected to the 
lobe’s passage is the highest contribution in the spectrum. 
In this case the auto-correlation does not allow to identify the right frequency of 
the stall revolution and a single lobe stall could be still hypothesized. In order to 
clearly detect the stall nature of this case a further data manipulation is needed. 
As aforementioned, by applying Eq. 4-2 to the lobe’s frequency is it now possible 
to reveal the multi-lobed nature of the stall pattern univocally. 
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Figure 4-4. Reconstruction of the nearly symmetric two lobes stall pattern at the inlet 
section of the diffuser. 
In order to definitely clarify this aspect related to the identification of the stall 
shape, a scheme of a two lobes stall is reported in Figure 4-5. The stall is presented as 
two simple sinusoids of unitary amplitude with a phase shift equal to Δϑ = 90° which 
corresponds to a hypothetical geometrical shift between the two probes of Δα = 90°. 
It is worth noticing that if one considers the stall period (T_stall) two pressure 
oscillations corresponding to two lobes are visible and the phase shift is equal to the 
geometrical one according to Eq. 4-1. 
On the other hand, if one wrongly considers the two lobes stall as a single lobe 
stall (i.e. a frequency two times higher with a period equal to T_lobe), the phase shift 
will no longer satisfy the Eq. 4-2 highlighting a value of Δϑ = 180° and hence a 
number of lobes equal to two. 
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Figure 4-5. Scheme of a two lobes stall recorded by two different probes with Δα = 90°. 
In Figure 4-6 the FFT of a real nearly symmetric three lobes stall is reported; 
again, due to the slight unbalance of the pressure pattern, the resulting force is very 
small. 
Again, the analysis of the power spectrum can lead to a wrong evaluation of the 
lobes’ number. As shown in Figure 4-6, only a frequency which corresponds to the 
lobe passage is clearly distinguishable, while the revolution stall frequency is not 
visible due to the almost perfect equality between the lobes (see Figure 4-7). 
As discussed above, the auto-correlation cannot help also in this case to identify 
the right rotating stall frequency; if one would use this frequency to perform the 
ensemble average process, a single lobe stall patter would be obtained. The further 
step of the advanced stall analysis (i.e. the cross-correlation) would reveal a phase 
shift between two probes that is not in agreement with Eq. 4-1. 
So, by applying Eq. 4.2 the real stall pattern can be detected.  
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Figure 4-6. FFT analysis of a real nearly symmetric three lobes stall: all the frequencies 
are presented in a dimensionless form, i.e. f*=f/f1xREV. 
 
Figure 4-7. Reconstruction of the nearly symmetric three lobes stall pattern at the inlet 
section of the diffuser. 
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4.3 Sensors’ number and positioning 
After this analysis on the stall pattern shape, some considerations on the number of 
sensors and their relative positioning along the circumferential direction of the 
diffuser at a certain section can be done. 
Based on the systematic procedure described in the previous chapter, a couple of 
dynamic pressure probes could be sufficient to correctly characterize the stall pattern 
in the diffuser. 
From an industrial point of view, this solution seems to be very attractive both in 
terms of cost and of limited mechanical problems due to the need to ensure the proper 
space to the two accesses for the probes. As a result of this consideration, two main 
aspects have to be discussed. In particular, it is necessary to clarify if: 
 Two sensors are sufficient to characterize any typology of rotating stall 
pattern (basing on the fact that the number of stall cells is not known a 
priori). 
 There is an optimal angular spacing Δα between the probes. 
In order to answer these questions, one can assume that the pressure oscillation due 
to the stall can be described as a sinusoidal signal (as shown in Figure 4-5); in other 
words a purely mathematical approach would definitely ensure that two points of 
measure are sufficient to describe the pressure pattern shape, despite the uncertainty 
on possible harmonics. 
However, in case of rotating stall reconstruction by using an ensemble average 
process, an accurate analysis is needed. In particular, if on one hand in case of an 
unbalanced N lobes stall pattern, two sensors are always sufficient to perform the 
systematic approach presented in this study, on the other hand, whenever multi-lobed 
rotating stalls with nearly symmetric lobes occurred, the use of only two sensors 
could introduce uncertainties in the lobes’ number calculation. 
In case of symmetric lobes, the sensors’ angular spacing must be narrow enough to 
contain more than one pressure ripple. In other words, two properly positioned probes 
are anyway able to discriminate between different stall patterns, even if symmetric. 
In order to clarify this aspect, some examples are given. 
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Figure 4-8 shows the time signals theoretically measured by two pressure probes 
(called A and B) positioned with Δα=90° in case of a single lobe stall rotating at 10 
Hz or a symmetric two-lobes stall rotating at 5 Hz, respectively. Upon examination of 
the Figure 4-8, even if each probe actually senses the same sinusoid in frequency and 
amplitude in time, the phase difference between the signals is different in the two 
cases, as the hypothetical patterns are rotating with two different speeds. 
In this case, Eq. 4-2 applied at the frequency of the sinusoid will be definitely able 
to discriminate between the two conditions, even though this specific positioning can 
anyway produce an uncertainty on the higher harmonics, as will be shown later on in 
the study. 
 
Figure 4-8. Time signals recorded by two probes with Δα=90° in case of a single lobe 
stall rotating @ 10 Hz or a symmetric two-lobes stall rotating @ 5 Hz. 
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In particular, the first critical condition is reached if the probes are positioned 
following Eq.4-3. 
 

 n
N
n     
360
      Eq. 4-3 
Moving from the fact that at least two points must be given within the each period 
of the sinusoid to ensure a correct reconstruction, this choice would in fact lead to an 
undefined solution in case of symmetric lobes. 
Figure 4-9 shows an example of two time signals recorded by two pressure probes 
with Δα=180° in case of a two-lobes stall rotating @ 10 Hz or a four-lobes stall 
rotating @ 5 Hz, respectively. 
 
Figure 4-9. Time signals recorded by two probes with Δα=180° in case of a two-lobes 
stall rotating @ 10 Hz or a four-lobes stall rotating @ 5 Hz. 
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In this case the cross-correlation function would indicate a null phase, giving no 
useful information on the lobes’ number. The number of stall cells would indeed be 
indefinitely given by Eq. 4-4. 



 nnN
stallsymm
    
360
 
     Eq. 4-4 
Another critical sensors positioning in case of symmetrical lobes is described by 
Eq. 4-5. 
 

 n
N
n     
180
      Eq. 4-5 
In case the two sensors are positioned following Eq. 4-5, two different scenarios 
can be attended. If the stall pattern has conventional unsymmetrical lobes, this 
positioning would indeed allow a very clear identification of the signals by 
maximizing their phase difference. However, a doubt on the harmonics would again 
rise as described by Eq. 4-6, if the lobes are symmetric like those presented in Figure 
4-10 which reports the time signals recorded of the two pressure probes with 
Δα=180° in case of a single lobe stall rotating @ 10 Hz or a three-lobes stall rotating 
@ 3.3 Hz, respectively. 






 nnN
stallsymm
    
360180
 
     Eq. 4-6 
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Figure 4-10. Time signals recorded by two probes with Δα=180° in case of a single lobe 
stall rotating @ 10 Hz or a three-lobes stall rotating @ 3.3 Hz. 
It is worth noticing that this positioning would make the two sensors see the same 
values in time for the two different stall patterns, generating the possibility to detect 
the wrong frequency of the phenomenon (as the FFT analysis could have hidden the 
stall frequency). 
By summarizing these considerations, one can conclude that even if in the 
common industrial practice, the symmetrical lobed pressure patterns do not appear 
frequently, in case only two probes are available, any positioning following Eq. 4-7 
would be certainly able to correctly predict a N-lobes stall shape. 



180
N       Eq. 4-7 
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Moreover, an angular spacing between 0° and 60° (if only two sensors are 
available) could definitely lead to the correct identification of the most usual stall 
patterns, even if very symmetric. On the other hand, if three (or more) probes are 
available, the approach can be applied to different couples of sensors ensuring the 
correct stall reconstruction also in case of many lobes. 
4.4 Influence of the working pressure 
As discussed in Section 4.1, several experimental data coming from different 
model test (i.e. single stage configuration) were collected in a dedicated test rig. All 
these data were hence investigated by using the advanced stall analysis approach; in 
particular, they were analyzed in order to highlight both the stall characteristics and 
the influence of some main parameters on the resulting force. 
With this goal in mind, several model tests were performed also by varying the 
pressure at the inlet to investigate on the pressure unbalancing during the rotating 
stall. 
For sake of simplicity, in Figure 4-11 and Figure 4-12 only two model tests 
analyzed characterized by a single lobe stall were reported; in detail, these stages 
were tested with several different inlet pressures in order to highlight a possible 
correlation between the force and the working pressure. In particular, these two 
model tests were carried out with two different range of working pressure by keeping 
constant all the other parameters. The test A has been tested with four pressure levels 
(1, 2, 3, 4 bar), while the test B has only three pressure levels (3, 7, 13 bar). 
Upon examination of Figure 4-11, it is worth noticing that the resulting force, 
calculated by means of the advanced approach presented in Section 3.4, is almost 
directly proportional to the working pressure. In other words, as the inlet pressure 
increases (and, consequently, the density increases), the pressure ripple due to the 
unbalancing of the pressure field during rotating stall increases almost linearly; by 
doing so, the resulting force calculated with Eq. 3-5 becomes higher while the stall 
frequency remains constant (see Figure 4-12). 
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This represents a first important step forward in defining a scaling criterion to 
predict the resulting force in a multistage compressor operating in on-site conditions 
(i.e. at higher pressure), as described in the next sections. 
 
Figure 4-11. Resulting force as a function of the inlet pressure. 
 
Figure 4-12. Dimensionless stall frequency as a function of the inlet pressure. 
Chapter 4 
 
 
 
Department of Industrial Engineering, University of Florence 103 
 
4.5 Influence of the Mach number 
In order to investigate the influence of the Mach number (Mu) on the stall 
characteristics, several model tests were carried out at different peripheral Mach 
numbers (i.e. by varying the rotor speed), keeping constant all the other parameters. 
Generally, all the models were tested at four different speed levels: the design one 
and three off-design levels. 
For sake of clarity, only two model tests characterized by a single lobe stall are 
again reported in order to gather all the range in term of Mach number. Figure 4-13 
and Figure 4-14 show the force (F*) and the stall frequency (f*) as a function of the 
Mach number, respectively.  
In Figure 4-13 it is worth noticing that as the Mach number increases, the force 
value per unit area tends to become higher; obviously, these are only two cases, but a 
similar behavior was noted in all the tested stages. 
 
 
Figure 4-13. Resulting force as a function of the Mach number (Mu). 
As regards the stall frequency (Figure 4-14), on can readily notice that the ratio of 
the stall frequency with respect to the 1xREV remains almost constant. On the other 
Chapter 4 – Industrial database analysis 
 
 
 
104  Department of Industrial Engineering, University of Florence 
 
hand, this means that the stall frequency increases its absolute value (i. e. the stall 
pattern rotates faster). 
 
Figure 4-14. Dimensionless stall frequency as a function of the Mach number (Mu). 
4.6 Database analysis: summary 
As discussed in the previous sections, the analysis of the industrial database was 
carried out by means of the systematic procedure developed during this study, which 
allowed defining the stall frequency, the rotating force due to the stall and the lobes’ 
number of each available study case for a global amount of more than 60 tests. 
The main characteristics of the model tests analyzed are summarized in Table 4.1, 
highlighting the minimum and the maximum of each parameter, respectively. 
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Table 4.1 – Main characteristics of the model tests analyzed. 
Parameters Range (min – max) 
Mu 0.30 – 1.32 
φ 0.0200 – 0.1600 
b2/R2 0.05 – 0.15 
b2/b4 1.08 – 1.37 
R4/R2 1.40 – 1.65 
N° blades 15 – 23 
 
In order to obtain a significant result, the procedure was applied in the zone where 
the stall was clear and completely developed, i.e., the stall frequency was widely the 
most relevant of the spectrum. By reducing the flow coefficient step by step, the 
typical behavior of the rotating stall is to quickly increase its intensity up to a final 
value (the point at which the stall force was calculated) which generally precedes the 
surge as shown in Figure 4-15. Moreover, it is worth to remark that every point 
corresponds to a different flow coefficient (i.e., at a different closing step of the 
throttling valve). 
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Figure 4-15. Stall force evolution during the closing steps of the throttling valve. 
The collected data were categorized by impeller family, geometrical characteristics 
(i.e. impeller diameter, diffuser width, diffusion ratio) and design performance in 
order to obtain an exhaustive overview of stall characteristics. 
The stall frequency was the first aspect that has been investigated after the analysis 
was completed. In particular: 
 87% of the model tests analyzed showed a stall frequency in the range 5-
20% of the 1xREV. 
 Only 13% of the model tests analyzed showed a stall frequency over 20% of 
the 1xREV up to a maximum of about 80% detected in a specific impeller 
family with a high flow coefficient. 
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Figure 4-16. Number of lobes as a function of the dimensionless stall frequency. 
Moreover, the stall cases were characterized in terms of pressure pattern shape (i.e. 
lobes’ number), which actually represents a key point in the evaluation of the 
resulting force. Upon examination of the results, it was noticed that: 
 The single lobe pattern is by far the most likely configuration, with 89% of 
the total (see Figure 4-16). 
 The multi-lobes stall cases appeared only with a two and three-lobes shape 
in 9% and 2% of the total tests, respectively. In details, multi-lobes stall 
cases appeared for higher values of the b2/R2 ratio and low diffusion ratios 
(R4/R2) than those connected to single lobe stall cases (see Figure 4-17). 
Upon examination of these figures, one can conclude that the single lobe 
configuration is widespread in all the analyzed model tests, while multi-lobes 
configurations were detected only in so called “wide” diffusers. 
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Figure 4-17. Number of lobes as a function of b2/R2 and diffusion ratio (R4/R2). 
4.6.1 Dimensionless force coefficient 
Furthermore, very relevant information were obtained through the database 
analysis by referring to the stall force intensity due to the distortion of the pressure 
field. 
In particular, a wide range of force values was measured and no well-marked trend 
was individuated. Force values cannot be reported due to the non-disclosure 
agreement with the industrial partner, but, as a general consideration it can be 
highlighted that for two lobes and three lobes stalls, this force tended to reach very 
low values due to the partial compensation of the pressure field among each lobe. 
In order both to show the results and to compare stages with different geometric 
characteristics and design points, a dimensionless coefficient was defined, as in Eq. 
4-5. 
2
2
225.0 Ac
Fstall



       Eq. 4-8 
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The χ coefficient was defined in order to correlate the stall force with the dynamic 
pressure and the geometrical characteristics at the exit of the impeller. By doing so, a 
distribution of measured values of the dimensionless force coefficient can be 
obtained, as reported in Figure 4-18. 
 
Figure 4-18. Distribution of the dimensionless force coefficient. 
By examining Figure 4-18, it is worth pointing out that the largest part of the 
analyzed model tests (i.e. about 70%) is gathered in the range 0-0.03 and it showed a 
total average value of 0.029. 
In Figure 4-19 is shown the relationship between the χ coefficient of all the model 
tests analyzed as a function of the stall frequency always reported in a dimensionless 
form (i.e. f* = f/f1xREV). 
The figure clearly highlights that no consistent trend can be identified; however, 
two distinguishable zones (yellow and red shadowed) can be readily noticed. Some 
remarks can be done: 
 The major part of analyzed stalls is located under the 20% of 1xREV.  
 Very intense stalls took place only at low frequencies. 
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 High frequency stalls were generally characterized by very low exciting 
forces. 
 Multi-lobes stalls showed lower force coefficient. 
As a conclusion, both from an industrial and an academic point of view, the 
analysis of this wide industrial database led to important results in terms of stall 
characterization and data manipulation. This allowed to obtain an accurate overview 
on the stall characteristics that currently is not present (or it is limited to some study 
cases) in open literature. Moreover, as it will be discussed in the next chapter, the 
characterization of the rotating force due to the pressure unbalancing in the vaneless 
diffuser allowed also to correlate the unsteady fluid dynamic phenomenon with the 
rotordynamic behavior of the machine. 
 
Figure 4-19. Analyzed stall pattern as a function of dimensionless frequency and force 
coefficient. 
Figure 4-20 shows also the behavior of the stall force in terms of dimensionless 
coefficient as a function of the flow coefficient of the tested models. In particular, due 
to the non-disclosure agreement with the industrial partner only a flow coefficient 
range is given: 
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 LOW range:  φ < 0.03 
 MEDIUM range:  0.03 < φ < 0.06 
 HIGH range:  φ > 0.06 
 
Figure 4-20. Analyzed stall patterns as a function of the flow coefficient range and the 
force coefficient. 
Upon examination of the figure, one can readily notice that well marked trend are 
not still detected, but, however, it is possible to notice that a general increasing of the 
force value with the design flow coefficient is present. In addition, the few multi-
lobes stall cases are all gathered in the high flow coefficient region. 
4.6.2 Scaling criterion 
Once the force has been evaluated and characterized in terms of frequency and 
intensity, a correlation between the model test conditions and the real operating 
conditions was needed. 
In particular, the force intensity was assumed to be dependent on the working 
pressure of the impeller, the inlet passage section of the vaneless diffuser and the 
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relative gas velocity fluctuation, as proposed  by Colding- Jørgensen [44] [51] and 
Baldassarre et al. [52]. 
With this goal in mind, moving from the above, a scaling criterion of the stall force 
was hypothesized. In detail, the scaling criterion was based on the manipulation of 
the dimensionless coefficient (defined in Eq. 4-5) by introducing different boundary 
conditions. In other words, once the χ coefficient for a specific impeller family has 
been evaluated in model test conditions, it is possible to calculate a scaled force value 
by using the operating conditions (i.e. density, absolute inlet diffuser velocity and 
passage area) of the multistage compressor (if constituted by impellers coming from 
the same family). 
By doing so, the χ coefficient can be used to scale the resulting force in the model 
test to the operating conditions. 
Once the scaling criterion has been verified, the evaluation of the force in 
operating condition on a real multistage machine could open a new scenario in which 
the rotordynamic behavior of the compressor could be predicted a priori in the design 
phase. 
In the next chapter the rotordynamic effects of the rotating stall will be first 
investigated in model test conditions in order to correlate the aerodynamic stall force 
with rotor vibrations and then, once the methodology has been definitely assessed, a 
first attempt at transferring this force into a predicted vibration level of the machine 
during on-site operating conditions will be presented and discussed. 
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5.  Rotordynamic analysis 
5.1 Introduction 
The estimation of the rotating stall force could provide a valuable contribution in 
quantifying the risk of onset of subsynchronous vibrations of significant amplitude in 
the contractual operating range of the compressor. 
With this in mind, an investigation on the impact of the aerodynamic phenomenon 
to the rotordynamic performance was carried out. 
By using the systematic approach developed in this study, it is possible to estimate 
the resultant of the pressure field distortion during the stall, in terms of amplitude and 
frequency. Furthermore, the analyzed experimental tests provided also the vibration 
level on the rotor bearings which allowed one to have a first check on the correlation 
between the rotating force and the rotordynamic response of the system. 
The purpose of this second part of the work was first to verify this correlation by 
comparing the experimental data with the response obtained by imposing in a 
rotordynamic model of the rig the calculated force and then to develop a tool able to 
predict the rotordynamic behavior of a real compressor in unsteady conditions, i.e. in 
case of rotating stall. In order to develop and to verify this rotordynamic procedure, 
the first step was to include the calculated force in a rotordynamic model of the 
model test rig used to obtain all the experimental data of this work. Then, once the 
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procedure has been assessed, the approach was applied to several real multistage 
compressors operating both on test and on-site conditions. 
Finally, in order to highlight the potential, the prospects of the proposed approach 
will be discussed by showing some examples. 
5.2 Rotordynamic modeling 
Several model tests were analyzed from a rotordynamic point of view by means of 
a specific code commonly used by the industrial partner. 
However, for sake of clarity, the procedure to investigate on the rotordynamic 
behavior of the compressor in stall conditions will be presented by showing only a 
case study. In particular, the selected case refers to that one used to present the 
advanced approach to estimate the rotating force due to the stall (see Section (3.4) for 
further details). 
As aforementioned, the first step was to verify if the calculated force in model test 
conditions could be coherent with the vibrations measured by specific sensors 
positioned near the rotor bearings; to do this, as a first step, the rotordynamic model 
of the model test rig was developed with a numerical code based on a finite element 
approach [53]. 
The schematization of the model is shown in Figure 5-1, coupled with the 
mechanical drawing of the rotor chosen as a case study. 
 
Figure 5-1. Schematization of the rotor model and relative drawing 
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Upon examination of the figure, some of the main rotor features can be readily 
noticed: 
 Overhung design: the test impeller was installed at the shaft end and 
modeled as lumped mass and inertia (including the hub and tie-rod 
contributions). 
 Rigid rotor design: the running speed is lower than the first critical speed; 
the response in terms of vibrations level will be quite constant. 
 Journal bearings and axial vibration probe’s locations. 
After the model has been built, the calculated aerodynamic force was applied to 
the rotordynamic model (e.g., see Ref. [54]). 
Thanks to the asynchronous response module available in the software, it was then 
possible to model the forced response under the aerodynamic excitation. Differently 
from the more conventional study case of rotor imbalance, this module allowed one 
to calculate the behavior of the rotor under an external load which was not 
synchronized with the rotational speed of the impeller. 
A constant force value of 9.8 N rotating at 10.5% of 1xREV was calculated for the 
selected case; the external excitation was hence modeled as rotating load with a 
constant amplitude and frequency and applied in correspondence with the bi-
dimensional impeller. Moreover, in order to have a sensitivity analysis with respect to 
the frequency, the range between 0 and 17% of 1xREV was investigated. 
The steady state response of the system was computed in correspondence of both 
the journal bearings at each frequency; however, the journal bearing closer to the 
impeller was deemed to be the critical one in term of vibrations level. Finally, a 
frequency response function was defined. 
The results obtained by the simulation were then compared to the experimental 
data of the vibration probe in the same location. 
A comparison between the experimental data and the predicted ones is reported in 
Figure 5-2 for t = 71 s (i.e., the center of the analysis window showed before). The 
results are presented as a function both of the dimensionless amplitude of the 
vibration (i.e., the vibration divided by the maximum measured value) and of the 
dimensionless frequency, in order to preserve the non-disclosure agreement with the 
industrial partner. 
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As regard the experimental data, it is worth noticing that in the case analyzed the 
power spectrum appeared very well defined showing only a low noise level and a 
clear peak located in correspondence with the stall frequency. 
A good agreement can be noted between the experimental value and the predicted 
one in terms of displacement amplitude. Several checks were performed by using the 
described procedure to investigate the correlation between rotating stall and the 
rotordynamic behavior of the system. 
However, this represents the first confirmation that the advanced approach to 
estimate the stall force correctly extrapolates the force value in stall condition. 
Furthermore, this could represent the basis to define a new acceptability criterion in 
which it is possible to know a priori if subsynchronous vibrations induced by the 
rotating stall could be a problem for the machine vibrational response. 
 
Figure 5-2. Comparison between the power spectrum of the vibration probe near the 
impeller and the predicted value. 
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5.3 Rotordynamic analysis on multistage compressors 
In order to verify the developed approach by repeating the previous described 
procedure in the real operating conditions of a compressor, two real multistage 
centrifugal compressors were selected and tested in a dedicated test-rig of the 
industrial partner. The test procedure was comparable to that used for the model tests, 
i.e., starting from the overflow condition to the surge condition by using a regulation 
throttling valve closed step-by-step. In particular, the rotating stall force was assumed 
to be dependent on the working pressure of the impeller, the gas velocity and the inlet 
passage section of the diffuser, and a scaling criterion was hypothesized as described 
in Section (4.6.2). 
Before showing the results of this analysis an important remark must be done: all 
of the impellers that constituted the two compressor trains belonged to the same 
family of the one tested at the model test-rig (and used to set up the approach 
presented in Section (5.2)) and were compatible in terms of geometrical design, outer 
diameter, peripheral Mach number and flow coefficient. Within this context, a 
coherent stall mechanism (with respect to that one detected in the model test) was 
hence hypothesized for the two multistage compressors (i.e., single lobe stall). 
 
Multistage Compressor A 
The first multistage compressor had five stages: in particular, the last stage of the 
train (Figure 5-3) was deemed to be the critical one in the design phase based on the 
performance simulation tool commonly used by the industrial partner (i.e., the stage 
which first reaches the stall condition). 
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Figure 5-3. Cross-section of Multistage Compressor A 
As a first step, the attended force in a standard performance test (ASME PTC10 - 
Type 2 test) was predicted, since this type of test was already part of the standard 
compressor manufacturing and testing processes: in this case the inlet pressure and 
the delivery pressure were 3 bar and 10 bar respectively. 
Based on these working conditions, a force of approximately 20 N was predicted 
by using Eq.4-5. As a further confirmation, the test showed a subsynchronous 
frequency of about 10% of 1xREV which was considered coherent with that one 
detected in the relative model test (i.e., the model test used to describe the advanced 
approach; for further details, see Section (3.4.3)). 
The compressor’s rotordynamic model was realized using the same software 
applied to the rig modeling [53] and the relevant frequency response was calculated 
using the same methodology, i.e. by applying a force of 20 N rotating at 10% of 
1xREV. 
Since the journal bearing stiffness of this compressor was high (around 1 × 10
8
 
N/m at the test speed), very low vibrations were predicted despite the increased force 
value with respect to the model test: in particular, about 0.12 μm peak-to-peak was 
estimated. 
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During the experimental test on this first machine the radial vibrations were 
constantly monitored with the same type of displacement probes; the results showed 
that the measured vibration levels, obviously in the investigated frequency range, 
were, again, coherent with the predicted values. 
 However, due to the base noise introduced by a real functioning multistage 
compressor, the results of the power spectra did not show a well-defined frequency as 
obtained for the model test; as a consequence, no conclusive answers on the validity 
of the approach were found. 
 
Multistage Compressor B 
The second multistage compressor had four stages: in particular, the last one of the 
train was deemed to be the critical for rotating stall by the same industrial simulation 
tool (Figure 5-4). Again, the impeller of this stage belonged to the same family as that 
used in the previous model test but it operated at a lower design peripheral Mach 
number equal to 0.81 and a different flow coefficient. 
 
Figure 5-4. Cross-section of Multistage Compressor B 
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This stage was however tested also at the model test-rig with the same procedure 
and instrumentation previously described: in particular, in this case, the model test 
showed a stall frequency of about 7% of 1xREV and an overall force of 7.8 N. 
The multistage compressor was tested in a closed-loop configuration operating 
with R134a as a working gas. In detail, the inlet pressure and the discharge pressure 
were 0.7 bar and 7.25 bar respectively.  
In Figure 5-5 the results of the test on this multistage compressor are shown: the 
measured vibrations are reported in the z axis as a function of the dimensionless 
frequency (x axis) and time (y axis). 
From a perusal of the graph, one can readily notice that the 1xREV frequency is 
clearly distinguishable during the whole test. Moreover, once the instability condition 
occurred, a well-marked subsynchronous frequency appeared together with some 
harmonics exactly at the determined critical flow coefficient for the fourth stage and 
at a frequency coherent with that one detected in the model test. 
 
Figure 5-5. Measured vibrations of the multistage compressor during the stall. 
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At the same time, based on the scaling criterion, a force of 65 N rotating at 7% was 
hypothesized for the fourth stage of the compressor in case of rotating stall. 
In order to compare the experimental vibrations with those predicted, a 
rotordynamic simulation was carried out by using the estimated stall force (further 
details on the rotordynamic modeling of a multistage compressor will be presented 
later on in this chapter). 
The vibration level on the fully developed subsynchronous phenomenon was 
finally compared: in Figure 5-6, the comparison between the experimental and the 
simulation results is reported in a dimensionless form (i.e., the vibration divided by 
the maximum measured value) in order to preserve the non-disclosure agreement 
with the industrial partner. 
In this case, a good agreement can be noticed between the results, both in terms of 
the stall frequency and modulus of the relative vibrations. Based on the previous 
findings, this can be considered as a first important validation of the proposed 
rotordynamic approach. However, future works will be devoted to increase the test 
population and quantifying the reliability of the estimations; in the following sections 
will be investigated the potential and the sensibility of the approach. 
  
Figure 5-6. Comparison between the predicted and the experimental vibrations. 
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For sake of clarity, in Table 5.1 are reported the main characteristics of the two 
multistage compressors. 
Table 5.1 –Multistage compressors characteristics. 
Multistage compressor A B 
N° stages 5 4 
Inlet-outlet pressure [bar] 3-10 0.7-7.25 
Mu 0.5 0.81 
φ 0.0300 0.0310 
Estimated Stall Force [N] 20 65 
Dimensionless Stall frequency [f*] 10% 7% 
Bearing Stiffness [N/m] ~1x108 ~1x107 
5.4 Prospects of the approach 
In order to show some possible applications, once the approach has been 
investigated on its validity with the previous tests and models, a sensitivity analysis 
on its potential has been started. 
To do this, the response both of a real machine in high pressure functioning and of 
a model test has been investigated by varying some important input parameters; in 
particular, the two real multistage compressors have been studied with different 
journal bearings (i.e., variation of the bearing’s rigidity), different external excitation 
(i.e., different rotating stall force in terms of amplitude, frequency and bearings 
characteristics), respectively. 
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5.4.1 Bearing’s choice in on-site conditions 
By using the rotordynamic model of the first multistage compressor presented in 
the previous Section (5.3), the approach was extended to the real operating conditions 
of the compressor, which was designed to operate between 30 and 100 bar; in 
particular, at the inlet of the critical stage (the 5
th
 out of 5) a pressure of 63 bar was 
expected. In these conditions, a scaled stall force of 1 kN rotating at the same 
frequency (about 10% of 1xREV) was obtained by applying the developed scaling 
criterion of Eq. 4-5. 
As shown in Figure 5-7, the rotordynamic simulation showed a predicted vibration 
of about 3 μm peak-to-peak at the stall frequency. Upon examination of the figure, 
one can readily notice that the response of the system in term of vibration amplitude 
has an almost linear trend due to position of the first critical frequency of the rotor 
which is far enough from the external excitation (i.e., the rotating force). 
These predicted vibrations would be low enough to allow the compressor to also 
operate trouble-free in this condition. This vibration entity was however expected 
since this compressor was designed with a traditional rotordynamic concept, which 
consisted in two oil journal bearings thought to be stiff enough to contain similar 
excitations. 
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Figure 5-7. Predicted vibrations in the real multistage compressor in on-site operating 
conditions at the nearest bearing to the stalling impeller with conventional journal 
bearings. 
It is worth noticing that, since centrifugal compressor design is currently moving 
towards alternative journal solutions having lower stiffness level but higher 
performance, the proposed tool to evaluate the rotordynamic behavior of a whole 
machine could provide some useful information in predicting the effects of different 
rotordynamic solutions when near-stall operating conditions are reached. 
In order to investigate on this aspect, the use of squeeze film dampers (SFDs) in 
the same machine was hypothesized. In particular the SFDs are a powerful device 
which allows to increase the rotor damping by providing a low stiffness level of the 
supports to maximize the oil damping effect [55]; as a reference value, the 
logarithmic decrement of the rotor first mode is increased from 0.28 to 0.99, 
according to an API617 level 2 stability analysis when SFDs are adopted [56]. 
Figure 5-8 shows the results of this alternative bearing configuration: they are 
thought to be a representative example of the prospects of the proposed approach. In 
particular, it is worth noticing that the estimated stall force of 1 kN produced a 
significantly higher vibration level, which in this case reached at the stall frequency 
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an amplitude of approximately 14 μm peak-to-peak, 4.7 times higher than that 
obtained with conventional journal bearings. 
Moreover, in the case where low stiffness supports are selected for the 
compressors (e.g. in order to improve the damping performance of the whole system 
near the critical frequencies), higher vibrations will be expected far from the rotor 
natural frequencies (where the increased damping is really effective), especially in the 
low-frequency region where aerodynamic unsteady excitations usually occur. On this 
basis, it is clear that, even further validations are required, the proposed approach 
could provide a useful tool to the centrifugal compressor designer to predict the 
potential rotor vibration levels due to the diffuser rotating stall. 
 
Figure 5-8. Predicted vibrations in the real multistage compressor in on-site operating 
conditions at the nearest bearing to the stalling impeller with SFDs. 
In order to confirm and verify the influence of the journal bearing rigidity on the 
centrifugal compressor behavior in case of rotating stall functioning, a model test has 
been analyzed in two different configurations which differed only for the oil bearing 
temperature (i.e., the rigidity). In particular, the single stage was equipped with 
standard instrumentations and tested in the intermediate configuration (for further 
details, please refer to Figure 3-4); the bearing equipment consisted in common oil 
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journal bearings in which the temperature has been increased to reduce the oil density 
and consequently the bearing’s rigidity. 
In Table 5.2 the main characteristics of the model test are summarized. 
Table 5.2 –Model test characteristics: oil bearing temperature variation. 
Model Test Values 
φ 0.0069 
Inlet pressure [bar] 10 
Mu 0.73 
Low Temp. 58°C 
High Temp. 84°C 
 
Figure 5-9 and Figure 5-10 show the vertical and the horizontal vibrations (in a 
dimensionless form, i.e., divided by the maximum amplitude) recorded by the 
bearing’s sensors from the stall inception to the claimed stall, respectively. 
Upon examination of the figures one can readily notice that the bearing’s rigidity 
influences the rotordynamic behavior especially during the stall where an external 
load acts directly on the rotor at a subsynchronous frequency. By analyzing this 
aspect in depth, specific control logistics could be developed and consequently the 
supports’ stiffness could be adjusted in order to mitigate the stall effects. 
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Figure 5-9. Vertical displacements as a function of dimensionless flow coefficient. 
 
Figure 5-10. Horizontal displacements as a function of dimensionless flow coefficient. 
5.4.2 Mechanical limit analysis 
In order to introduce the analysis of the effects of the rotating force on the 
rotordynamic behavior of the compressor, some remarks must be done. This complex 
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unsteady phenomenon, named rotating stall, as widely discussed, generally precedes 
the surge and establish the left limit of the operating curve; this produces both a 
decrease of the stage performance and subsynchronous vibrations to the rotor. 
In detail, in common industrial practice, the most restrictive of these two effects 
defines the last acceptable point of the performance curve. 
In particular, the first criterion relates to the slope of the head coefficient (ητp) 
curve and it can be considered as a sort of system stability limit; the second one is 
more connected mechanical issues but in some cases it could not directly translate in 
a limitation of the operability of the compressor. 
Furthermore, the wide experimental database presented in Chapter (4. ), 
highlighted some important aspects; in particular, it is worth remarking that a non-
negligible number of the considered model tests pointed out a stall inception 
according to the mechanical criterion, i.e. in several cases rotating stall appeared 
before the slope cancellation of the head curve. 
As previously discussed, an accurate estimation of the rotating stall force would 
allow one to identify if rotating stall effects could represent a problem for the 
rotordynamic response of the compressor. 
With this in mind, an investigation of the rotordynamic behavior of the machine by 
further reducing the flow rate beyond the mechanical limit up to reach the 
thermodynamic one could be interesting. In other words, a rotordynamic analysis in 
stall conditions could provide useful information to extend the left margin. 
In Figure 5-11, the head coefficient curve of one of the model test analyzed is 
reported. 
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Figure 5-11. Dimensionless head coefficient vs. dimensionless flow coefficient (i.e. 
φ*=φ/φdes)  for a tested stage. 
Upon examination of the figure, one can readily notice that the curve definition 
based on the stall onset would notably limit the curve even if the machine maintains 
its thermodynamic stability. 
After the investigation on the industrial database, a reliable estimation of the 
expected exciting forces due to rotating stall was obtained. 
On these bases, the aim of this part of the rotordynamic analysis was to investigate 
the effects of similar forces on the rotordynamic behavior of a real compressor 
operating at on-site conditions (i.e., working pressure and speed) in case the rotating 
stall occurs before the thermodynamic limit, i.e. where the head coefficient slope 
becomes negative. 
 In particular, the main purpose of this analysis was to verify if a left margin 
extension in the stall zone could represent a feasible solution in case the 
subsynchronous vibrations due to the rotating stall are below the acceptability limit. 
Moving from these considerations, the second real multistage compressor analyzed 
in Section (5.3) was first selected as a case study. In details, the machine was 
composed by four stages designed to operate (in on-site conditions) with natural gas 
between an inlet pressure of 6.6 bar and a discharge pressure of 29.3 bar. 
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As previously reported, experimental measurements and numerical model assigned 
to the fourth stage the role of critical one (i.e., the first to reach the rotating stall 
conditions). 
Within this context, this compressor was used to investigate on the rotordynamic 
effects of a different rotating stall force in terms of intensity and frequency with 
respect to 1xREV by performing rotordynamic models. 
By analyzing the database, it was possible to identify some value of interest for the 
dimensionless parameters (χ and f*) that were then properly scaled to the operating 
conditions of the machine. Moreover, in Table 5.3 the extreme clearance/preload 
values of the journal bearings together with oil inlet temperature range to be 
considered in the analysis are also reported; this aspect is of crucial importance for 
exploring all the tolerance range during the design phase (according to API617 7
th
 ed. 
[56]) to cover the minimum (MIN) and maximum (MAX) stiffness conditions, which 
correspond to the opposite levels of both the aforementioned variables. 
The combinations of the parameters showed in Table 5.3 provided a set of stall 
forces that were then applied to the rotordynamic model of the compressor; this 
allowed to obtain the response in terms of maximum vibrations at the bearings. 
In order to investigate on a hypothetical operation during the rotating stall, the 
results were compared to maximum acceptable values, highlighting the limit 
conditions. 
As a reference, the maximum allowable total vibration level (Alimit) was set to 
25μm peak to peak and the maximum allowable subsynchronous vibration level (due 
to the rotating stall) was set to 20% Alimit: 5 μm peak to peak according again to 
API617 7
th
 ed. [56]. 
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Table 5.3 – Sensitivity study parameters. 
Parameter Analyzed values 
Dimensionless Stall Frequency (f*) (0.01 - 1.00) f1xREV 
Dimensionless Force Coefficient (χ) .005 - .020 - .035 - .075 
Stiffness levels MIN MAX 
 Bearing 
clearance/preload 
max min 
 Oil inlet temperature max min 
5.4.3 Modeling and results 
The rotordynamic model of the whole compressor was again assessed by the 
numerical code used before which is based on a finite elements approach [53]. 
In Figure 5-12 the schematization of the compressor by means of the code is 
reported, coupled with the mechanical drawing of the rotor. 
Upon examination of the figure, some remarks can be done: 
 “Beam Rotor” design: the rotor in object is typical of a multistage 
compressor where the impellers are located between the journal bearings; 
 All the elements re in color have both stiffness and inertia properties while 
the green in color elements have inertia property only. 
 Each impeller is modeled mainly in terms of inertia (the relevant lumped 
mass placed in the center of gravity); 
 As regards the other main items, flexible coupling is modeled as a lumped 
mass placed in the relevant center of gravity, thrust collar, balance piston 
and dry gas seals are modeled by means of real geometry as inertial 
elements. 
 Journal bearings position is clearly indicated: they are hydrodynamic tilting 
pas type bearings and they are modeled through a pair of stiffness and 
damping matrices. Synchronous reduced coefficients are computed through 
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a numerical code capable to take into account also pad pivot flexibility and 
pad thermal-mechanical deformations [57]. 
 Internal seals locations are identified. The seals effects can be accounted for 
through the relevant dynamic coefficients. For laby seals the code described 
in [58] was used, while in case of a honeycomb seal the relevant code of 
Ref. [59] was adopted. The seals coefficients are usually taken into account 
when the rotor damping is of primary interest. In this case, in which a 
forced response analysis id performed at full load condition, they could be 
important for the stability of the compressor. However, if only labyrinth 
seals are present, the effects of the rotating force are negligible with respect 
to the journal bearings contribution in the low frequency region, while near 
the rotor natural frequency, the seals can reduce the system damping, as will 
be discuss later on in this study.  
 
Figure 5-12. Schematization of the rotor model of the multistage compressor. 
Once the model was built, the aerodynamic force, calculated in each load case, was 
applied to the critical impeller center of gravity, i.e., the fourth impeller. 
Thanks to the asynchronous response module of the software, the aerodynamic 
excitation was applied not synchronized with the running speed and the rotordynamic 
behavior was hence predicted. In details, the rotating force was constant in amplitude 
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(properly scaled by means of Eq. 4-5) and variable in frequency. In particular, the 
whole subsynchronous range was investigated with special attention to the range 
between 10% to 80% of 1xREV; this range was indicated by the database analysis as 
the most common range for rotating stall frequency. 
The rotordynamic response of the system to the aerodynamic excitation due to 
rotating stall is reported in Figure 5-13. In particular, the maximum expected 
vibrations on the most critical bearing (the one closer to the stalling impeller) as a 
function of the stall force in terms of dimensionless χ coefficient and the frequency of 
the stall itself is shown. 
Moreover, the minimum (MIN) and the maximum (MAX) stiffness values 
provided by the manufacturer were analyzed in order to highlight the range of the 
response. 
The grey-shadowed zone highlights the range of acceptability in terms of 
subsynchronous vibration of the system according to API617 (7
th
 ed.) [56]. 
By examining Figure 5-13, it is possible to point out some important aspects: 
 As expected, the vibration amplitudes are directly proportional to the force 
intensity in the analyzed range of frequencies. 
 The journal bearings stiffness has a strong impact on the rotordynamic 
behavior of the machine. In particular: 
o The larger the clearance (coupled with a higher oil inlet 
temperature), the lower the stiffness; this implies that the maximum 
vibrations are magnified and the resonance region is extended in 
frequency 
o The first critical frequency of the system (the peak of each curve) is 
shifted towards lower frequencies, closer to the typical stall range 
(i.e., 0÷30% of 1xREV). 
The analysis was then repeated, introducing the labyrinth seals in the model. The 
results are shown in Figure 5-14. As expected, if on one hand the effects on the low 
region frequency were negligible, on the other hand, in the frequency range near the 
natural frequency the presence of the laby seals significantly reduced the system 
damping with a consequent increasing of the predicted vibrations of the compressor.  
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Figure 5-13. Predicted vibrations as a function of the stall force intensity and 
frequency. 
 
Figure 5-14. Predicted vibrations as a function of the stall force intensity and frequency 
with the laby seals effect. 
A further analysis of these results can be done by combining the acceptable limit 
indicated by the standard with the presented response curves. By doing so, the 
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maximum tolerated force intensity can be found in the two bearing stiffness 
configurations for each value of the rotating stall frequency. 
Figure 5-15 shows the results of this analysis. 
 
 
Figure 5-15. Maximum tolerated χ values as a function of the stall frequency. 
Upon examination of the figure, one can readily notice that the impact of rotating 
stall force can be very different depending on the relative distance of the critical 
frequency of the system from the rotating stall frequency. 
The information provided in Figure 5-15  represents the main outcome of this 
analysis. In particular, when the rotordynamic design of the compressor has been 
assessed, a specific map similar to that reported in Figure 5-15 could be realized. 
Then, the test-rig measurements on the most critical stage will provide an estimation 
of both the attended χ value for the stall force and its rotational frequency f*. 
Combining these two data, a point in the map is promptly definable and can be 
compared with the maximum tolerated solicitation on the system; in case the limits 
are not exceeded, a curve extension of the critical stage can be then taken into 
account. Otherwise, a review of the rotordynamic characteristics, especially in terms 
of bearings stiffness, might be carried out in order to mitigate the vibrations 
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connected to the stall. A scheme of the proposed approach developed in this study is 
reported in Figure 5-16. 
 
 
Figure 5-16. Flowchart of the rotordynamic approach. 
As an example, the most critical stage of the compressor used in this analysis had a 
χ value of 0.021 and a dimensionless stall frequency of 7% of 1xREV. According to 
these values, the expected force in on-site conditions was estimated in the order of 
290 N, producing a subsynchronous vibration on the bearing closer to the impeller 
equal to 1.5 μm peak-to-peak and 6.1 μm peak-to-peak at the maximum and 
minimum stiffness cases, respectively. 
Based on these results, as the expected vibrations at minimum bearing stiffness are 
higher than the acceptable limit imposed by the standard, if an extension of the curve 
is hypothesized, the machine should be operated at the maximum bearing stiffness or 
a different bearings choice should be made. 
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Conclusions 
The research activity presented in this work was focused on the development of a 
systematic approach to characterize the vaneless diffuser rotating stall in centrifugal 
compressors with the aim of predicting the behavior of the machine operating in these 
particular unsteady conditions. 
Unlike the available approaches in literature that mainly show methodologies both 
to analyze the rotating stall and predict its onset, this study focused on the 
rotordynamic effects on the compressor due to the aerodynamic force generated by 
the pressure unbalancing during the stall. 
The prediction of the actual operating conditions during stall by estimating the 
resulting aerodynamic force could represent a valuable contribution to identify an 
adequate control strategy in the design phase. 
Within this scenario, three different phases were carried out in this study. 
In the first part, after a review of the investigation methodologies, a systematic 
approach which analyzes the experimental data coming from dynamic pressure 
sensors properly installed in the diffuser was developed and assessed by using some 
case studies. In particular, all the tests were carried out in a dedicated single stage 
test-rig at GE Oil & Gas – Nuovo Pignone. 
In details, the developed procedure allows one to reconstruct the pressure pattern 
in the diffuser and hence to evaluate the resulting force by means of an ensemble 
average process (clocked on the rotating stall frequency) coupled with the main 
hypothesis of rigid motion of the stall pattern; with this assumption a shift from the 
time domain into the spatial domain was possible. 
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On these bases, in the second part, the procedure was applied to the industrial 
database for a total amount of more than 60 model tests, mainly focusing on the 
characterization of the stall pattern and its resulting force in terms of frequency, 
intensity and number of lobes. 
The analysis showed interesting results: the largest part of the impellers (87%) 
highlighted a stall frequency in the range of 5-20% of the 1xREV, while frequencies 
up to a maximum of about 80% were noticed only for few high flow coefficient tests. 
Moreover, the single lobe pattern was detected in the 89% of the model tests 
analyzed. Two-lobes and three-lobes appeared only in the 9% and 2% of the total 
tests, respectively. 
Thanks to this accurate analysis, some issues related to the characterization of 
vaneless diffuser rotating stall were analyzed with particular reference to an industrial 
context. By doing so, some guidelines for a correct experimental analysis of rotating 
stall were proposed. 
 Based on the developed approach, the optimal positioning and the limitations in 
using two sensors have been highlighted and discussed. In particular, it has been 
assessed that in the common industrial practice, if three (or more) sensors are 
available, a probes positioning between 0° and 60° would offer the best resolution for 
stall patterns up to three lobes which would allow to easily gather all the tested cases. 
Alternatively, whenever three (or more) sensors are available, the approach can be 
applied to different couples of sensors ensuring the correct stall reconstruction also in 
case of many lobes.  
Then, in order to compare impellers with different geometric dimensions and 
design points, a dimensionless force coefficient was defined dividing the calculated 
force by the dynamic pressure and the geometrical characteristics at the exit of the 
impeller. This allowed one to evaluate a rotating stall force in case of multistage 
compressors operating in real functioning conditions, i.e., at higher pressure. 
The third part of the study tried to connect the first two phases by extending the 
results of the systematic approach to the rotordynamic of the machine using the 
scaling criterion developed with the industrial database analysis. 
In order to verify the correlation and the prediction capability of the approach, 
some case studies were first selected in the available model tests and then, the 
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calculated force was applied to the rotordynamic model of the system, whose 
vibrations were compared to those measured by proper sensors positioned near the 
journal bearings: very good agreement between the experiments and the predicted 
values was found in terms of the frequency and vibration amplitude. 
Moving from these results, the rotordynamic approach was extended to two 
multistage compressors tested in a GE Oil & Gas dedicated test rig, which were 
composed by impellers belonging to the same family of those tested in the single 
stage rig, therefore having similar geometrical characteristics and aero-design 
conditions. The results showed that the vibrations produced by rotating stall are in 
notable agreement with those determined with the rotordynamic model. Moreover, 
the systematic procedure can be assumed to be of general validity. 
The methodology represents the first attempt to transfer the aerodynamic stall 
force calculated by means of dynamic pressure measurements carried out at the test 
rig into a predicted vibration of the whole compressor operating in on-site conditions. 
Then, once the approach has been verified, some prospects of the methodology 
were evaluated in order to show the actual potential in term of prediction capability. 
In particular, the final part of the third phase focused on a procedure to verify if the 
minimum flow margins in case of rotating stall could be extended by making use of 
specific bearings for different operating conditions. This could represent a useful tool 
in the design phase of a machine and a first step towards a practical extension of the 
left margin of the performance curve. 
 
 Department of Industrial Engineering, University of Florence 141 
 
Bibliography 
 
[1]  A. R. Howell, «Fluid dynamics of axial compressors,» Proceedings of the 
Institution of Mechanical Engineers , vol. 153, pp. 441-452, 1945.  
[2]  D. Japiske, Centrifugal Compressor Design And Performance, Concepts 
Eti Publishing, 1996.  
[3]  Kita, M., Iwamoto, S., Kiuchi, I. and Kawashita, R., «Prediction of 
Subsynchronous Rotor Vibration Amplitude Caused by Rotating Stall,» in 
Proceedings of the 37th Turbomachinery Symposium, Houston, Texas 
(USA), 2008.  
[4]  Evans, B.F. and Smalley, A.J., «Subsynchronous Vibrations in a High 
Pressure Centrifugal Compressor: a case History,» Southwest Research 
Institute, San Antonio, Texas, NASA Tech. Rep, 1984. 
[5]  Bently, R. and Goldman, P., «Vibrational Diagnostics of Rotating Stall in 
Centrifugal Compressors,» Bently Rotor Dynamics Research Corporation, 
Tech. Rep, 2000. 
[6]  Bently, R., Goldman, P. and Yuan, J., «Rotor Dynamics of Centrifugal 
Compressors in Rotating Stall,» Bently Rotor Dynamics Research 
Corporation, Tech. Rep, 2001. 
[7]  Frigne, P., Braembussche, R. V. D., «Comparative Study of 
Subsynchronous Rotating Flow Patterns in Centrifugal Compressors with 
Bibliography 
 
 
 
142 Department of Industrial Engineering, University of Florence 
 
Vaneless Diffusers,» Rotor Dynamic Instability Problems in High-
Performance Turbomachinery, n. NASA Conference Publication 2250, pp. 
365-382, 1982.  
[8]  Abdelhamid, A., N., Colwill, W., H., Barrows, J., F., «Experimental 
investigation of unsteady phenomena in vaneless radial diffusers,» 
Transaction of ASME, vol. 101, pp. 52-59, January 1979.  
[9]  Abdelhamid, A. N. and Bertrand, J., «Distinction between two types of 
self-excited gas oscillations in vaneless radial diffusers,» Canadian 
Aeronautics and Space Journal, vol. 26, n. 2, pp. 105-117, February 1980.  
[10]  A. N. Abdelhamid, «Analisysis of rotating stall in vaneless diffusers of 
centrifugal compressors,» in ASME Paper No 80-GT-184, New Orleans, 
USA, 1980.  
[11]  W. Jansen, «Rotating stall in a radial vaneless diffuser,» Transactions of 
the ASME Journal of Basic Engineering, n. 64-FE-6, pp. 750-758, 1964.  
[12]  Senoo, Y., Kinoshita, Y., Ishida, M., «Asymmetric flow in vaneless 
difffusers for centrifugal blowers,» Trans ASME Journ Fluids Eng, 1977a.  
[13]  Senoo, Y., Kinoshita, Y., «Influence of inlet flow conditions and 
geometries of centrifugal vaneless diffuser on critical flow angle for riverse 
flow,» Trans ASME Journ Fluids Eng, 1977b.  
[14]  Senoo, Y., Kinoshita, Y., «Limits in rotating stall and stall in vaneless 
diffuser of centrifugal compressors,» ASME Paper No. 78-GT-19, 1978.  
[15]  Senoo, Y., Kinoshita, Y., «Rotating stall induced in vaneless diffusers of 
very low specific speed centrifugal blowers,» Transaction of ASME, vol. 107 
April, pp. 514-521, 1985.  
[16]  Nishida, H., Kobayashi, H., Takagi, T., and Fukoshima, Y., «A study on 
the rotating stall of centrifugal compressors (1st Report, Effect of vaneless 
diffuser width on rotating stall),» Transactions of the Japan Society of 
Mechanical Engineers (B Edition), n. 54(499), p. 589–594, 1988.  
[17]  Nishida, H., Kobayashi, H., Fukoshima, Y., Kikaigakkai, N., «A study on 
the rotating stall of centrifugal compressors (3rd Report: Rotating stall 
Bibliography 
 
 
 
Department of Industrial Engineering, University of Florence 143 
 
suppression method),» Transaction Japan society of mechanical engineers 
(B Edition), vol. 57(543), pp. 3794-3800, 1991.  
[18]  Kobayashi, H., Nishida H., Takagi, T., and Fukoshima, Y, «A study on the 
rotating stall of centrifugal compressors (2nd Report, Effect of vaneless 
diffuser inlet shape on rotating stall),» Transactions of the Japan Society of 
Mechanical Engineers (B Edition), n. 56(529), pp. 98-103, 1990.  
[19]  Senoo, Y., Hayami, H., Ueki, H., «Low solidity tandem cascade diffusers 
for wide flow range centrifugal blowers,» ASME Paper No. 83-GT-3, 1983.  
[20]  A. N. Abdelhamid, «Effects of vaneless diffuser geometry on flow 
instability in centrifugal compression systems,» Canadian Aeronautics and 
Space Journal, n. 29(3), pp. 259-288, 1983.  
[21]  Z. S. Spakovszky, «Backward Traveling Rotating Stall Waves in 
Centrifugal Compressors,» Journal of Turbomachinery, vol. Vol. 126, n. 
January, pp. 1-12, 2004.  
[22]  Spakovszky, Z. S., Roduner, C. H., «Spike and Modal Stall Inception in 
an Advanced Turbocharger Centrifugal Compressor,» Journal of 
Turbomachinery, vol. Vol. 131, n. July, pp. 1-9, 2009.  
[23]  Ferrara, G., Ferrari, L., Mengoni, C. P., De Lucia, M., and Baldassarre, L., 
«Experimental investigation and characterization of the rotating stall in a 
high pressure centrifugal compressor: Part I: Influence of diffuser geometry 
on stall inception,» in Proc. of the ASME Turbo Expo, Amsterdam, The 
Netherlands, 2002.  
[24]  Ferrara, G., Ferrari, L., Mengoni, C. P., De Lucia, M., and Baldassarre, L., 
«Experimental investigation and characterization of the rotating stall in a 
high pressure centrifugal compressor: Part II: Influence of diffuser geometry 
on stage performance,» in Proc. of the ASME Turbo Expo, Amsterdam, The 
Netherlands, 2002.  
[25]  Ferrara, G., Ferrari, L. and Baldassarre, L., «Rotating Stall in Centrifugal 
Compressor Vaneless Diffuser: Experimental Analysis of Geometrical 
Parameters Influence on Phenomenon Evolution,» Journal of Rotating 
Machinery, n. 10(6), pp. 433-442, 2004.  
Bibliography 
 
 
 
144 Department of Industrial Engineering, University of Florence 
 
[26]  Ferrara, G., Ferrari, L., Baldassarre, L.;, «Experimental characterization of 
vaneless diffuser rotating stall part V: influence of diffuser geometry on stall 
inception and performance (3rd impeller tested),» in Proceedings of ASME 
Turbo Expo 2006, Barcelona, Spain, May 8-11, 2006.  
[27]  Dazin, A., Coutier-Delgosha, O., Dupont, P., Coudert, S., Caignaert, G. 
and Bois, G., «Rotating instability in the vaneless diffuser of a radial flow 
pump,» Journal of Thermal SCience, vol. 17, n. 4, pp. 368-374, 2008.  
[28]  Dazin, A., Cavazzini, G., Pavesi, G., Dupont, P., Coudert, S., Ardizzon, 
G., Caignaert, G. and Bois, G. , «High-speed stereoscopic PIV study of 
rotating instabilities in a radial vaneless diffuser,» Experiments in Fluids, 
vol. 51, n. 1, pp. 83-89, 2011.  
[29]  Toni, L., Ballarini, V., Cioncolini, S., Gaetani, P., and Persico, G., 
«Unsteady Flow Field Measurements in an Industrial Centrifugal 
Compressor,» in Proceedings of the 39th Turbomachinery Symposium, 
Houston, Texas (USA), 2010.  
[30]  Frigne, P. and Van den Braembussche, R., «A Theoretical Model for 
Rotating Stall in the Vaneless Diffuser of a Centrifugal Compressor,» 
Journal of Engineering for Gas Turbines and Power, vol. 107(2), pp. 507-
513, April 1985.  
[31]  Tsujimoto, Y., Yoshida, Y., Mori, Y., «Study of Vaneless Diffuser 
Rotating Stall Based on Two-Dimensional Inviscid Flow Analysis,» Journal 
of Fluids Engineering, vol. Vol. 118, n. March, pp. 123-127, 1996.  
[32]  Dou, H. S., Mizuki, S., «Analysis of the flow in vaneless diffusers with 
large width-to-radius ratio,» Journal of Turbomachinery, vol. 120, pp. 193-
201, January 1998.  
[33]  Gao, C., Gu, C., Wang, T. and Yang, B., «Analysis of geometries' effects 
on rotating stall in vaneless diffuser with Wavelet Neural Networks,» 
International Journal of Rotating Machinery, pp. 1-10, 2007.  
[34]  Ljevar, S., de Lange, H. C., and van Steenhoven, A. A., «Rotating Stall 
Characteristics in a Wide Vaneless Diffuser,» in ASME Turbo Expo 2005, 
Reno-Tahoe, Nevada, USA, 2005.  
Bibliography 
 
 
 
Department of Industrial Engineering, University of Florence 145 
 
[35]  Ljevar, S., de Lange, H. C., van Steenhoven, A. A., Dupont, P., Caignaert, 
G. and Bois, G., «Core flow instability in wide vaneless diffusers for the 
purpose of rotating stall investigation,» in The 13th International Conference 
on Fluid Flow Technologies, Budapest, Hungary, September 6-9, 2006.  
[36]  Ljevar, S., de Lange, H.C., and van Steenhoven, A. A., «Comparison of 
Rotating Stall Characteristics Between the Viscid and Inviscid Two-
Dimensional Model,» WSEAS Transaction of Fluid Mechanics, vol. 5(1), pp. 
480-487, 2006.  
[37]  Ljevar, S., de Lange, H.C., and van Steenhoven, A. A., «Comparison of a 
two-dimensional viscid and inviscid model for rotating stall analysis,» in 
Proceedings of the 4th WSEAS International Conference on Fluid Mechanics 
and Aerodynamics, Crete, Greece, August 21-23, 2006.  
[38]  Ljevar, S., de Lange, H.C., and van Steenhoven, A. A., «Two-
Dimensional Rotating Stall Analysis in a Wide Vaneless Diffuser,» 
International Journal of Rotating Machinery, vol. Volume 2006, pp. 1-11, 
2006.  
[39]  Robinson, C., Casey, M., Hutchinson, B. and Steed, R., «Impeller-diffuser 
interaction in centrifugal compressors,» in Proc. of the ASME Turbo Expo 
2012, Copenhagen, Denmark, 2012 June 11-15.  
[40]  Hillewaert, K. and Van den Braembussche, R.A., «Numerical simulation 
of impeller-volute interaction in centrifugal compressors,» ASME Journal of 
Turbomachinery, vol. 121, p. 603–608, 1999.  
[41]  Lucius, A. and Brenner, G., «3D time accurate CFD simulations of a 
centrifugal compressor,» Parallel Computational Fluid Dynamics 2008 - 
Lecture Notes in Computational Science and Engineering, n. 74, pp. 173-
180, 2011.  
[42]  Sorokes, J. M., Vezier, C., Dollinger, M., Pacheco, J. E., «Using unsteady 
analysis to improve the steady state CFD assessment of minimum flow in a 
radial compressor stage,» in Proceedings of ASME Turbo Expo 2013, San 
Antonio, Texas, USA, 2013 June 3-7.  
[43]  Marshall, D.F., and Sorokes, J.M., «A review of aerodynamically induced 
Bibliography 
 
 
 
146 Department of Industrial Engineering, University of Florence 
 
forces acting on centrifugal compressors, and resulting vibration 
characteristics of rotors,» in Proc. of the 29th Turbomachinery Symposium, 
Houston, Texas (USA), 2000.  
[44]  J. Colding-Jørgensen, «Effect of fluid forces on rotor stability of 
centrifugal compressors and pumps,» NASA, Lewis Res. Center Rotordyn, 
1980. 
[45]  Smith, D.R. and Wachel, J.C., «Nonsynchronous Forced Vibration in 
Centrifugal Compressors,» Turbomachinery International Magazine, n. 
January/February, pp. 21-24, 1983.  
[46]  Kita, M., Iwamoto, S., Kiuchi, D. and Kawashita, R., «Prediction of 
subsynchronous rotor vibration amplitude caused by rotating stall,» in 
Proceedings of the thirty-seventh turbomachinery symposium, 2008.  
[47]  N. A. Cumpsty, Compressor Aerodynamics, New York, USA: Krieger 
Publishing, 1989.  
[48]  B. Porat, Digital processing of random signals: theory and methods, 
London (UK): Dover Publications, 2008.  
[49]  A. Drake, Fundamentals of Applied Probability Theory, New York 
(USA): McGraw-Hill, 1988.  
[50]  Perlman, B.S. and Auerbach, V.H., «Phase-Locking Technique for 
Estimating the Ensemble Average of Time Series Data,» IEEE Transactions 
on Acoustics, Speech, and Signal Processing, n. ASSP-25(4), pp. 295-299, 
1977.  
[51]  J. Colding-Jørgensen, «Prevention of Rotordynamic Problems in High 
Pressure Centrifugal Compressors,» in Proc. of the 1st International 
Conference on Turbomachinery, Rotating Equipment and Condition 
Monitoring Equipment, Singapore, July 20-22, 1994.  
[52]  Ishimoto, L., Silva, R. T., Rangel, J. S., Jr., Miranda, M. A., Audehove, F. 
N., Marques, B. S., Baldassarre, L. and Paut, C., «Early detection of rotating 
stall phenomenon in centrifugal compressors by means of ASME PTC 10 
type 2 test,» in Proc. of the Forty-First Turbomachinery Symposium, 
Bibliography 
 
 
 
Department of Industrial Engineering, University of Florence 147 
 
Houston, Texas, USA, September 24-27, 2012.  
[53]  T. R. Consortium, «XLTRC2 Rotordynamics Software Suite,» 
Turbomachinery Laboratory, Texas A&M University, 2002. 
[54]  Yoshida, Y., Tsujimoto, Y., Yokoyama, D., Ohashi, H. and Kano, F., 
«Rotordynamic Fluid Force Moments on an Open-type Centrifugal 
Compressor Impeller in Precessing Motion,» International Journal of 
Rotating Machinery, n. 7(4), pp. 237-251.  
[55]  Gerbet, M., Vannini, G., Catanzaro, M., Alban, T., «Rotordynamic 
Evaluation of Full Scale Rotor On Tilting Pad Bearings With Integral 
Squeeze Film Dampers,» in Proc. of the ASME Turbo Expo 2012, 
Copenhagen, Denmark, June 11-15, 2012.  
[56]  2. API, «Axial and Centrifugal Compressors and Expander-compressors 
for Petroleum, Chemical and Gas Service Industry,» API Standard 617, 7th 
Edition , 2002. 
[57]  Branagan, L. and Barret, L., «Annex 4 – Tilting pad Dynamic Coefficient 
Reduction with pivot flexibility,» UVA Report No. 
UVA/643092/MAE88/376.. 
[58]  Thorat, M. and Childs, D.W., «Predicted rotordynamic behavior of a 
labyrinth seal as rotor surface velocity approaches Mach 1,» in Proceedings 
of ASME Turbo Expo 2009, Orlando, USA, June 8-12, 2009.  
[59]  Kleynhans, G. and Childs, D.W., «The acoustic influence of cell depth on 
the rotordynamic characteristics of smooth-rotor/honeycomb-stator annular 
gas seals,» Journal of Engineering for Gas Turbine and Power, vol. 119, pp. 
pp. 949-957, 1997.  
 
 
